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ABSTRACT

The numerical simulation of flow and heat transfer in U-bend and coaxial
borehole heat exchangers is carried out using the OpenFOAM CFD solver and postprocessed with ParaView. The purpose of this study was to find the minimum
pressure loss coefficient with a high total heat transfer. Detailed flow structures and
heat transfer characteristics were investigated in three U-bends at Reynolds number
of 600 (Dean numbers of 190, 300, 425) and 6×104 (Dean number of 1.9×104, 3×104,
4.25×104) representing low and high Reynolds numbers. For the flow at Re = 600,
the increase of Dean number due to the increase of curvature ratio results in a
consistent decrease of total pressure loss coefficient up to 9%. At Re = 6×104, Dean
number of 3×104 has the minimum total pressure loss coefficient up to 6.9% of drop.
The flow at a low Reynolds number has nearly 16 times better total heat transfer due
to a higher residence time compared with a high Reynolds number at the exact same
Dean number. However, this betterment of heat transfer happens at the cost of 5.8
times higher total pressure loss coefficient. In the coaxial model, the effects of
Reynolds numbers of 2×103, 1×104 and 2×104 show that the increment of Reynolds
number reduces the total pressure loss of the system and increases the total heat
transfer. At Re = 2×104, a short (X/Dh = 0.6) and a long (X/Dh = 1.6) bucket space,
a space between the inner pipe and the bottom of the borehole, require a large
pumping power due to the increase of the total pressure loss coefficient. Also, no
significant improvement in the total heat transfer is achieved as a result of changing
the length of the bucket space. Hence, the length of X/Dh = 1 provides the most
efficient pumping power. This length brings about a minimum total pressure loss up
to 15%, meaning that installing the center pipe in a position that causes the least total
pressure loss needs to be taken into account. At the Reynolds number of 2×104, also,
it was found that the center-in flow provides 5.7% better heat transfer performance
with a significance of lower total pressure loss coefficient than the case of annulusin flow.

v

DEDICATION

I dedicate this work:

To my family for their sincere love and confidence throughout this endeavour.

In memory of my sweet friends Hamidreza Setareh Kokab, Dr. Samira Bashiri,
Zahra Naghibi, Mohammad Abbaspour Ghadi, and Pedram Jadidi who lost their
lives in the flight PS752 crash.

vi

ACKNOWLEDGEMENTS

I would like to acknowledge both of my Co-Advisors, Dr. David S.-K. Ting
and Dr. Tirupati Bolisetti for their patience, guidance, and wisdom. I have received
a great deal of assistance from them. I would like to thank the Turbulence and
Energy Lab and all of its students and associates. I acknowledge Dr. Stanley Reitsma
and GeoSource Energy Inc. for their support. I thank the support provided by
Ontario Centre for Excellence. I also thank Springer, Journal of Experiments in
Fluids for the copyright permission.

I would also like to thank my committee members, Dr. Jeff Defoe and Dr.
Mohammed Khalid for offering their invaluable expertise on my research.

vii

TABLE OF CONTENTS
DECLARATION OF CO-AUTHORSHIP/PREVIOUS PUBLICATIONS ........... iii
ABSTRACT .............................................................................................................. v
DEDICATION ......................................................................................................... vi
ACKNOWLEDGEMENTS .................................................................................... vii
LIST OF TABLES ................................................................................................... xi
LIST OF ABBREVIATIONS/SYMBOLS ............................................................. xv
NOMENCLATURE .............................................................................................. xvi
CHAPTER 1 – Introduction .................................................................................. 1
1.1 Background Information ............................................................................................. 1
1.2 Objectives ................................................................................................................... 1
1.3 Scope of Work ............................................................................................................ 2
1.4 Organization of Thesis ................................................................................................ 2
1.5 References ................................................................................................................... 3

CHAPTER 2 - Impact of U-bend Curvature Ratio on the Flow and Heat
Flux ........................................................................................................................... 4
2.1 Introduction ................................................................................................................. 4
2.2 Fundamental Concept of Flow in Curved Ducts ......................................................... 6
2.3 Numerical Model ........................................................................................................ 7
2.3.1 Model Setup for the Curvature Ratio Effect ........................................................ 7
2.3.2 Governing Equations ........................................................................................... 9
2.3.3 Boundary Conditions ......................................................................................... 11
2.4 Validation.................................................................................................................. 13
2.5 Results ....................................................................................................................... 14
2.5.1 Distribution of pressure at Re = 600 .................................................................. 15
2.5.2 Distribution of pressure at Re = 6×104............................................................... 16
2.5.3 Total pressure loss.............................................................................................. 18
2.5.4 Velocity and Dean cell development ................................................................. 19
2.5.5 Vorticity ............................................................................................................. 28
viii

2.5.6 Turbulent Kinetic Energy................................................................................... 31
2.5.7 Dean cell development at Re = 600 ................................................................... 32
2.5.8 Dean cell development at Re = 6×104 ................................................................ 35
2.5.9 Friction distribution ........................................................................................... 37
2.5.10 Nusselt number and the total heat transfer ....................................................... 40
2.5.11 Reynolds number effects.................................................................................. 43
2.5.12 U-bend Length ................................................................................................. 45
2.6 Conclusions ............................................................................................................... 46
2.7 References ................................................................................................................. 48

CHAPTER 3 – The effects of center-in versus annulus-in flow, inner pipe
length, and Reynolds number on the performance of a coaxial heat
exchanger ............................................................................................................... 51
3.1 Introduction ............................................................................................................... 51
3.2 Coaxial Heat Exchanger Model ................................................................................ 52
3.3 Numerical Simulation ............................................................................................... 52
3.3.1 Governing Equations ......................................................................................... 54
3.3.2 Boundary Conditions ......................................................................................... 55
3.3.3 Model Domain ................................................................................................... 57
3.3.4 Model Verification and Validation .................................................................... 57
3.4 Results ....................................................................................................................... 58
3.4.1 Center-in vs. Annulus-in Flow Directions ......................................................... 58
3.4.2 Bucket space length ........................................................................................... 68
3.4.3 Reynolds number effects.................................................................................... 72
3.5 Conclusions ............................................................................................................... 76
3.6 References ................................................................................................................. 77

CHAPTER 4 – Conclusions and Future Work .................................................. 78
4.1 U-bend borehole heat exchangers: ............................................................................ 78
4.2 Coaxial borehole heat exchanger .............................................................................. 79
4.3 Future Work .............................................................................................................. 80

APPENDICES ....................................................................................................... 81
Appendix A ..................................................................................................................... 81
ix

VITA AUCTORIS ................................................................................................ 82

x

LIST OF TABLES
Table 2.1 Dean and turbulence parameters ...........................................................................9
Table 2.2 Input parameters ...................................................................................................9
Table 2.3 Initial and boundary condition parameters type..................................................12
Table 2.4 Turbulent parameters ......................................................................................... 12
Table 2.5 Model conditions of the U-bend based on the change in Reynolds number .….43
Table 2.6 U-bend length conditions ……………………………………………………...45
Table 3.1 Input parameters of the hydrodynamic simulation tests ....................................56
Table 3.2 Initial and boundary conditions parameters ........................................................56
Table 3.3 Initial conditions for Realizable k-ω .................................................................57

xi

LIST OF FIGURES
CHAPTER 2
Fig. 2.1 Forces contributing to the generation of secondary flow at each cross section of the
bend at a specific Reynolds and Dean number ........................................................6
Fig. 2.2 Schematic diagram of U-bends with three curvature ratios and downstream .........8
Fig. 2.3 Schematic diagram of the fluid domain at 𝛿 = 0.25 ................................................8
Fig. 2.4 Grid system of the cross section of the computational domain including fluid and
pipe .........................................................................................................................8
Fig. 2.5 Pressure coefficient at δ = 0.25 and Re = 6×104 against mesh sizing at Z'/D = 17.6
as the reference point .............................................................................................13
Fig. 2.6 Comparison of the experimental (Sudo et al. 2000) and numerical pressure
1

2
coefficients, 𝐶𝑝 = 𝑝 − 𝑝𝑟𝑒𝑓 / 2 𝜌𝑈𝑖𝑛
, at Re = 6×104 ..........................................14

Fig. 2.7 Non-dimensional velocity of the simulated flow by OpenFOAM compared to the
experimental test results for Re = 6×104. [(b) is reprinted with permission from
(Sudo et al. 2000), Copyright 2000 by Springer] .................................................14
Fig. 2.8 Pressure coefficient of flow at Re = 600 inside the bend with (a) the curvature ratio
of 0.1, (b) the curvature ratio of 0.25 , and (c) the curvature ratio of 0.5 .............16
Fig. 2.9 Pressure coefficient of flow at Re = 6×104 with (a) the curvature ratio of 0.1 and (b)
curvature ratio of 0.25, and (c) the curvature ratio of 0.5. .....................................17
Fig. 2.10 Total pressure loss of the U-bend system with the flow at (a) Re = 6×104 and the
flow at (b) Re = 600............................................................................................18
Fig. 2.11 Velocity distribution of flow at Re = 600 along the bends with the curvature ratios
of 0.1, 0.25, and 0.5 and downstream .................................................................21
Fig. 2.12 Velocity contours for Re = 600 & De = 190 (𝛿 = 0.1) at different cross sections.
The left hand side of each cross-section is the inner wall and the right hand side
is the outer wall of the secondary flow ...............................................................22
Fig. 2.13 Velocity contours for Re = 600 & De = 425 (𝛿 = 0.25) at different cross sections.
The left hand side of each cross-section is the inner wall and the right hand side
is the outer wall of the secondary flow ...............................................................22
Fig. 2.14 Velocity contours for Re = 600 & De = 425 (δ=0.5) at different cross sections.
The left hand side of each cross-section is the inner wall and the right hand side
is the outer wall of the secondary flow ...............................................................23
Fig. 2.15 Velocity distribution of flow at Re = 6×104 along the pipe bends with the curvature
ratios of 0.1, 0.25, and 0.1 and downstream. The left hand side is the inner wall
and the right hand side is the outer wall. ............................................................25
Fig. 2.16 Velocity contours of flow at Re = 6×104 & De = 425 (𝛿 = 0.10) at different cross
sections. The left hand side of each cross-section is the inner wall and the right
hand side is the outer wall of the secondary flow ...............................................26
Fig. 2.17 Velocity contours of flow at Re = 6×104 & De = 425 (𝛿=0.25) at different cross
sections. The left hand side of each cross-section is the inner wall and the right
hand side is the outer wall of the secondary flow ...............................................26

xii

Fig. 2.18 Velocity contours of flow at Re = 6×104 and De = 425 (𝛿 = 0.5) at different cross
sections The left hand side of each cross-section is the inner wall and the right
hand side is the outer wall of the secondary flow ...............................................27
Fig. 2.19 Dimensionless vorticity contours, streamlines, and vector lines of flow at Re = 600
for the curvature ratios of 0.1, 0.25, and 0.5 .......................................................30
Fig. 2.20 Vorticity contours, streamlines, and vector lines of flow at Re = 6×104 for the
curvature ratios of 0.1, 0.25, and 0.5 ..................................................................31
Fig. 2.21 Turbulent kinetic energy of flow at Re = 6×104 with the curvature ratio of (a) 𝛿 =
0.5, (b) 𝛿 = 0.25, and (c) 𝛿 = 0.1 ......................................................................32
Fig. 2.22 Streamlines of flow at Re = 600 along the bend and downstream with the curvature
ratio of 0.5 ..........................................................................................................34
Fig. 2.23 Streamlines of flow at Re = 600 along the bend and downstream with the curvature
ratio of 0.25 ........................................................................................................35
Fig. 2.24 Streamlines of flow at Re = 600 along the bend and downstream with the curvature
ratio of 0.1 ..........................................................................................................35
Fig. 2.25 Streamlines of flow at Re = 6×104 along the bend and downstream with the
curvature ratio of 0.5 ..........................................................................................36
Fig. 2.26 Streamlines of flow at Re = 6×104 along the bend and downstream with the
curvature ratio of 0.1 ..........................................................................................37
Fig. 2.27 Streamlines of flow at Re = 6×104 along the bend and downstream with the
curvature ratio of 0.1 ..........................................................................................37
Fig. 2. 28 Comparison of friction coefficient of flow at Re = 6×104 with the curvature ratios
of 0.1, 0.25, and 0.5 along the bend and downstream ........................................38
Fig. 2. 29 Friction coefficient of flow at Re = 600 with the curvature ratios of 0.1, 0.25, and
0.5 along the bend and downstream ...................................................................39
Fig. 2. 30 Friction coefficient of flow at Re = 6×104 with the curvature ratios of 0.1, 0.25,
and 0.5 along the bend and downstream.............................................................40
Fig. 2.31 Nusselt number of (a) the flow at Re = 6×104 and (b) the flow at Re = 600 in the
bend outer wall and inner wall ...........................................................................41
Fig. 2.32 Total heat transfer of flow at (a) Re = 6×104 and (b) Re = 600 inside of the running
fluid.....................................................................................................................42
Fig. 2.33 The outlet temperature with the variation of Reynolds number ..........................44
Fig. 2.34 Cooling rate and the temperature in the outlet with the variation of Reynolds
number ................................................................................................................44
Fig. 2.35 Outlet temperature with the variation of Reynolds number ................................46
CHAPTER 3
Fig. 3.1 Schematic diagram of coaxial heat exchanger, cross sectional view.....................52
Fig. 3.2 Wedge of the computational grid in axisymmetric plane ......................................53
Fig. 3.3 Temperature against mesh sizing...........................................................................58
Fig. 3.4 (a) Pressure drop of center-in and annulus-in flows in the inner pipe and the annulus
and (b) Total pressure loss coefficient of center-in and annulus-in flows between
the inlet and outlet..................................................................................................59

xiii

1

2
Fig. 3.5 Pressure coefficient (𝐶𝑝 = 𝑝 − 𝑝𝑖𝑛 / 2 𝜌𝑈𝑖𝑛
) of the center-in and annulus-in flow

models against end cap walls (Y* = Y/Dio)..........................................................60
Fig. 3.6 The pressure contours of the center-in and the annulus-in flow at the bottom of the
1

2
borehole demonstrated in a dimensionless form (∆𝑃/ 2 𝜌𝑈𝑖𝑛
).............................61

Fig. 3.7 Dimensionless local pressure gradient contours of the center-in and the annulus-in
flow at the bottom of the borehole with respect to the inlet pressure gradient. .....61
Fig. 3.8 Pipe wall heat flux against the end cap surface (Y* = Y/Dio)................................62
Fig. 3.9 (a) Averaged Heat flux along the pipe and the end cap surfaces for the center-in and
annulus-in flow directions. And (b) Total heat flux for the center-in and annulus-in
flow directions .......................................................................................................63
Fig. 3.10 Total heat transfer in the cases of center-in and annulus-in dimensionless by the
inlet enthalpy ......................................................................................................63
Fig. 3.11 Nusselt number of the center-in and annulus-in flow (a) on the flat-end cap (Y* =
Y/Dio) and (b) along the pipe (X* = X / Xmax) ....................................................65
Fig. 3.12 Friction coefficient of center-in and annulus-in flows on the end cap surface (Y*
= Y/Dio) ...............................................................................................................66
Fig. 3.13 Velocity distribution of center-in and annulus-in flow directions at the bottom of
the coaxial pipes with flat-end and curved-end caps. .........................................67
Fig. 3.14 Flow streamlines at the bottom of the coaxial BHEs for flat end caps in center-in
and annulus-in flow directions............................................................................67
Fig. 3.15 Normalized vorticity contours of center-in and annulus-in flow directions ........68
Fig. 3.16 Turbulent kinetic energy distribution contours of center-in and annulus-in flow
directions ............................................................................................................68
Fig. 3.17 Schematic diagram of the inner pipe in relation to the bottom of the CBHE (bucket
space)....................................................................................................................69
Fig. 3.18 Dimensionless total pressure loss in the coaxial system based on change in the
bucket space length.............................................................................................70
Fig. 3.19 Wall friction coefficient on the end cap surface (Y* = Y/Dio) based on the change
in the bucket space length ...................................................................................71
Fig. 3.20 Nusselt number against the end cap (Y* = Y/Dio) based on the change in the bucket
space length ..........................................................................................................71
Fig. 3.21 Pressure coefficient on the end cap surface (Y* = Y/Dio) based on the change in
the bucket space length .......................................................................................71
Fig. 3.22 Heat flux along (a) the annulus wall and (b) end cap surface (Y* = Y/Dio) ........73
Fig. 3.23 enthalpy (a) along the pipe (X*=X/Xmax) and (b) end cap surface (Y*=Y/Dio)...73
Fig. 3.24 Nusselt number along (a) the annulus wall and (b) end cap surface (Y*=Y/Dio) 73
Fig. 3.25 Friction coefficient along (a) the annulus wall and (b) the end cap surface ........74
Fig. 3.26 Pressure coefficient of three Reynolds numbers against the wall (𝑋 ∗= 𝐿/𝐷ℎ )
along the annulus ................................................................................................75
Fig. 3.27 Pressure drop coefficient in the inner pipes and the outer pipes considering three
Reynolds numbers. .............................................................................................75
Fig. 3.28 Total pressure loss of the system considering three Reynolds numbers ..............75

xiv

LIST OF ABBREVIATIONS/SYMBOLS
BHE
CBHE
ICW
RANS

Borehole Heat Exchanger
Coaxial Borehole Heat Exchanger
Inner Curvature Wall
Reynolds Averaged Navier Stokes

xv

NOMENCLATURE

Symbols
A Cross sectional area, [m]
𝐶𝑓 Friction coefficient
𝐶𝑝 Pressure coefficient
𝐶𝜇

Eddy viscosity constant

𝐷

Diameter, [m]

𝑆𝜀

T
𝑈
𝑢′
𝑢𝑎𝑣𝑔

𝐷𝑒 Dean number

𝑌𝑀

𝐷ℎ Hydraulic diameter, [m]
Generation of turbulent kinetic energy
𝐺𝑏
due to buoyancy, [J ∙ kg-1]
Generation of turbulent kinetic energy
𝐺𝑘
due to mean velocity, [J ∙ kg-1]
𝑔 Gravitational acceleration, [m ∙ s-1]
ℎ enthalpy
Convective heat transfer coefficient [W ∙
ℎ𝑐
m-2 ∙ K]
𝐼 Turbulence intensity
𝑘 Turbulent kinetic energy, [m2 ∙ s-2]
𝑙 Turbulence length scale, [m]
𝑁𝑢 Nusselt number
𝑃 Pressure, [Pa]
P Internal wetted perimeter, [m]
R Radius, [m]
𝑅𝑒 Reynolds number
𝑅𝑐 Radius of curvature [m]
Turbulence kinetic energy source term,
𝑆𝑘
[J ∙ kg-1]

𝑍′

xvi

𝑍

Dissipation rate source term
Temperature, [K]
Velocity, [m ∙ s-1]
Root mean square of the velocity fluctuations
[m ∙ s-1]
Mean flow velocity [m ∙ s-1]
Contribution of the fluctuating dilatation in
compressible turbulence to the overall
dissipation rate
Longitudinal distance along upstream, [m]
Longitudinal distance along downstream,
[m]

Greek Symbols
Curvature ratio (hydraulic radius/radius of
𝛿
curvature)
Dissipation rate, [m2 ∙ s-3]
𝜀
Circumferential angle [°]
𝜃
𝜃′ Dimensionless outlet temperature
Thermal conductivity, [W ∙ K-1 ∙ m-1]
𝜆
Dynamic viscosity, [Pa ∙ s]
𝜇
Eddy viscosity, [Pa ∙ s]
𝜇𝑡
Kinematic viscosity [m2 ∙ s]
𝜈
Fluid density, [kg ∙ m-3]
𝜌
Vector field of the flow velocity
𝜗
𝜑

Bend angle [°]

CHAPTER 1 – Introduction

1.1 Background Information
Renewable energy is used to mitigate environmental damages and enhance the
accessibility, affordability, security, and the efficiency of the energy use and consumption
(Shortall et al. 2015). As a promising renewable energy source, a lot of measures are
underway to spur the geothermal energy. Geothermal energy is considered to be a cost
effective, reliable, and an environmentally friendly energy source (Alanne and Saari 2006).
This underground energy source is harvested conventionally via U-bend borehole heat
exchangers. More recently, however, coaxial borehole heat exchangers have been used as
an alternative system because they bear the potential of minimizing the borehole thermal
resistance (Yavuzturk and Chiasson 2002, and Zarrella et al. 2017) and provide a better
thermal performance with their larger heat exchange area (Song et al. 2018 and Holmberg
et al. 2016), making a feasible alternative upgrade to the conventional U-bend systems
(Raghavan 2016).

1.2 Objectives
This study aims at investigating the performance of U-bend and Coaxial heat
exchangers through understanding the following items:
U-bend:


The impact of the bend curvature for the purpose of reducing the total
pressure loss and increasing the heat transfer of flow at the Reynolds
number of Re = 6×104 (Dean numbers of De = 1.9×104, 3×104, 4.25×104)
and 600 (De = 190, 300, 425).



The effect of variation of Reynolds numbers from Re = 1×104, 2×104,
3×104, 4×104, 5×104, and 6×104, and pipe length (L = 38.5D, 67.3D, and
96.2D) on the outlet temperature.

Coaxial:


The effects of center-in and annulus-in flow in terms of a lower total
pressure loss and higher heat transfer performance.
1



The impact of the bucket space, the space between the end of the inner pipe
and the borehole end cap, at the Reynolds number of 2×104 on the total
pressure loss and heat transfer.



The impacts of Reynolds number of 2×103, 1×104, 2×104 on the total
pressure loss and heat transfer.

1.3 Scope of Work
This research delves into U-bend and coaxial borehole heat exchangers at a lab
scale length. Both U-bend and coaxial models are validated against the experimental tests.
In this work, there is a comparative study of flow and heat transfer at Re = 6×104 and Re =
600 with three Dean numbers for each flow due to the three curvature radii (ratio of
hydraulic radius to the radius of curvature) of 𝛿 = 0.1, 0.25, and 0.5 for the U-bends to
enhance the heat transfer performance and minimize the total pressure losses as no studies
regarding curvature ratio impacts on U-bends were found in the literature. Also, in the
coaxial model, the center-in and the annulus-in flows, the bucket length at the bottom of
the Coaxial Borehole Heat Exchanger known as CBHE, and the impacts of flow and heat
transfer at three Reynolds numbers of 2×103, 1×104, and 2×104 are studied.

1.4 Organization of Thesis
Following the introduction, the second chapter of this thesis focuses on the flow in
a U-bend borehole heat exchanger, conducting the verification and validation procedure,
and elucidating the vortical structures and some flow parameters when each of the flow
types travels inside the bend. It also delves into the concepts underlying the effect of
curvature ratio and how it impacts the total pressure loss and heat transfer. Then two
parameters including the change in Reynolds numbers, and the length of the U-bend system
on the amount temperature in the outlet of the U-bend system is focused.
The third chapter of this thesis provides a preliminary study with regards to coaxial
BHE, trying to find an efficient center-in or annulus-in flow direction, the bucket space
lengths, and Reynolds number in terms of lower total pressure loss and higher heat transfer.
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CHAPTER 2 - Impact of U-bend Curvature Ratio on the Flow and Heat Transfer

2.1 Introduction
Geothermal energy is a renewable and sustainable energy source (Younis et al.
2010), which is yet to be fully exploited for mitigating climate change. Noting its promise,
significant advances in low-temperature geothermal borehole heat exchangers have been
made recently, however, there is still a lack of a complete understanding of the underlying
fluid flow and heat transfer (Lyu et al. 2017 and Beier et al. 2014). U-bend heat exchangers
have been the most common elements in the ground source heat pump systems.
The study of U-bend borehole heat exchangers covers many areas, from thermal
response (Maestre et al. 2015), heat extraction performance of different downhole heat
exchangers (Song et al. 2017), to providing an estimation for a short and long term periods
of operation (Biglarian, et al. 2017). Kalpakli, et al. (2016) reviewed the turbulent flows in
curved pipes from their historical perspective to the most recent advances regardless of
their applications. The review by Javadi et al. (2019), however, focused on the performance
of ground heat exchangers considering the geometry, pipe material, fluid carrier, and the
subjects associated with ground heat exchanger’s depth and its effects on the flow and heat
transfer. Kummert et al. (2007) mainly focused on the geothermal heat pump systems and
how much heat pumps impact the required length of the geothermal heat exchanger. They
found that absorption heat pump systems require a shorter borehole length than the
compression heat pump systems, and the required borehole length varies depending on
geological locations. Chung and Choi (2012) studied the heat pump unit with the flow rate
change, and concluded that the heat transfer rate per unit length also increases with the
increase in flow rate.
Noorani et al. (2013) conducted a direct numerical simulation in one straight and
two curved pipes. They demonstrated the effects of curvature ratio and Reynolds number
on shear stress and Dean vortices. For the laminar forced convection, Choi and Zhang
(2012) it was found that the averaged Nusselt number is enhanced with an increase in
Reynolds and Prandtl numbers. Akbarinia (2008) also studied the nanofluids added to the
running fluid inside a curved duct. It was found that the nano-fluid does not have a
4

noticeable effect on the secondary flow. It does, however, affect the axial velocity, Nusselt
number, skin friction coefficient and the fluid temperature, in a way that the appearance of
maximum axial velocity near the pipe wall, causes a decrease of temperature. Also, the
Nusselt number and the skin friction increase as a result of increasing the buoyancy forces.
Sudo et al. (1998) carried out an experiment on a 90-degree pipe bend with a
curvature ratio of 0.25 (the ratio of the hydraulic diameter and the radius of curvature)
through which steady state turbulent air flows. They showed the flow development
including the formation and evolution of Dean vortices. Their study has served as a
reference for numerical verification for Dutta et al. (2016), who verified the curvature
effect. Also, Kim et al. (2014) studied the flow of Sudo et al's 90-degree bend. The results
showed that the intensity of the secondary eddies reaches their maximum value when the
flow is at the bend exit and reduces to about 10% of the maximum value at 10D
downstream of the bend exit.
Later, Sudo et al. (2000) performed their experiment on a 180-degree bend at
otherwise the same flow conditions of their previous work. Based on this experimental
work, Cvetkovski et al. (2015) performed a CFD study to show that, for the studied
conditions, there is a decrease of heat transfer with an increase of Dean number. At a
specific and low Reynolds number of Re = 2000, the Dean number increment reduces the
wall flux in both the curved duct as well as the upstream and downstream. However, when
increasing the Reynolds number, and at each specific Reynolds number, namely Re = 5000,
the wall flux starts increasing in the curved duct with an increase of Dean number, although
the upstream and downstream continue a reducing trend of wall flux at and enhanced Dean
number. Also, Cvetkovski et al. (2014) numerically showed that a higher turbulence level
associated with the increase in flow velocity does not significantly enhance the heat
transfer; suggesting a balance between the turbulence level and resident time needed for
heat transfer to materialize.
To minimize the costs associated with the installation and material, it is important
to understand the effect of the bend curvature on the performance of the BHE system. This
is the reason for selecting different curvature ratios that result in different borehole
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diameters. The knowledge regarding the impact of curvature ratio provides an insight into
enhancing the BHE performance at an efficient borehole diameter.

In the present paper, it is aimed to observe how the hydrodynamic and thermal
parameters of flow are impacted by the curvature ratio variations in the U-bend with
different curvature radii at the Re = 600 and Re = 6×104. Finally, the effect of Reynolds
numbers from Re = 1×104 to 6×104 inside the U-bend system, and the pipe lengths of L =
38.5D, 67.3D, and 96.2D (4m, 7m, and 10m), on the outlet temperature of the U-bend
system is discussed.

2.2 Fundamental Concept of Flow in Curved Ducts
The phenomenon of flow in curved pipes, regardless of the bend angle or the pipe
configuration, is that as the fluid travels in a curved duct, a secondary flow motion may be
generated which makes up counter-rotating vortices. This curvature related phenomenon
shown in Fig. 2.1, brings with it centrifugal forces due to the curve, and it is basically
accompanied by a transverse pressure gradient and an increase in pressure inside the outer
half of the bend (Kalpakli 2012) so as to balance the centrifugal force. Study of the
Secondary flow in bend pipes traces back to the 1920s when Dean delineated the flow
behavior inside curved pipes theoretically (Dean 1927 and Dean 1928). Dean theoretically
showed the generation of vortical structures inside the bend. He used a perturbation
procedure through passing Poiseuille flow from a straight to a curved pipe. Since then, this
became an interesting subject for academic research.

.

Center of curvature

Fig. 2.1 Forces contributing to the generation of secondary flow at each cross section of the bend
at a specific Reynolds and Dean number
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2.3 Numerical Model
In a numerical simulation, the OpenFOAM v.5 has been used to solve the ReynoldsAveraged Navier-Stokes (RANS) equations of a steady incompressible flow running inside
the U-bend. Comparing the results of the numerical simulation provides validation for the
experimental test by Sudo et al. (2000). The convergence criteria of all governing equations
are set as 10-6. And the "semi-implicit method for pressure-linked equation" (SIMPLE)
algorithms are used as the Navier-Stokes and energy equations solvers.
2.3.1 Model Setup for the Curvature Ratio Effect

Three 3D geometries were created with three curvature ratios (𝛿) as tabulated in
Table 2.1. The schematic diagram of the three models is shown in Fig. 2.2, and the fluid
dimensions shown in Fig. 2.3. As it is shown in this figure, all dimensions including
upstream and downstream, radius of curvature, and diameters remain constant. The
hydraulic diameter of the experimental test is D = 104 mm with the upstream and
downstream length of 100D and 40D, respectively (Sudo et al., 2000). The U-bend
curvature radii are, 104mm, 208 mm, and 520mm. So this provides the curvature ratio of
𝐷

0.5, 0.25, and 0.1 based on 𝛿 = 2𝑅ℎ . Considering two Reynolds number of 600 and 6×104
𝑐

and three curvature ratios of 0.5, 0.25, and 0.1, the simulations are conducted on six Dean
numbers based on De = Re × √𝛿 The circulating fluid inside the U-bend is assumed to be
steady during the simulations in accordance with the experimental test. Thermo-physical
properties of the fluid carrier and the pipes are given in Table 2.2 as there is conjugate heat
transfer. To verify the procedure, mesh independency test was carried out with an
incremental mesh refinement. The fluid grid zones and the appropriateness of y+ were
checked in accordance with (Gao et al. 2018) grid system verification approach. Fig. 2.4
shows a cross sectional slice of the computational fluid domain that is biased toward the
outer wall of the pipe with the pipe thickness of 0.23cm. Although the flow is symmetrical
in the bend cross sections, the full domain of the pipe and fluid is simulated to observe if
the flow is still symmetrical in the downstream.
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Fig. 2.2 Schematic diagram of U-bends with three curvature ratios and downstream

Fig. 2.3 Schematic diagram of the fluid domain at 𝛿 = 0.25

Pipe thickness

Fig. 2.4 Grid system of the cross section of the computational domain including fluid and pipe
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Table 2.1 Dean and turbulence parameters
Pipe Diameter

Radius of

Curvature

(mm)

Curvature (mm)

Ratio

520

0.10

208

0.25

104

0.50

4.25×104

520

0.10

190

208

0.25

104

0.50

104

Reynolds Number

Dean Number
1.9×104

6×104

3×104

600

300
425

Table 2.2 Input parameters

Material

Density

Specific Heat

(kg/m3)

(J/kg∙K)

Thermal
Conductivity
(W/m∙K)

Dynamic
Viscosity (P)

Water

997.8

4076.4

0.60475

9.8×10

HDPE

950

2500

0.33

-

-4

Inlet
Velocity
(m/s)
5.7×10-1
5.7×10-3
-

2.3.2 Governing Equations

Mass Conservation

Mass conservation or continuity equation for a steady flow can be expressed as
𝛻⃗ . 𝜗 = 0

(3.1)

where 𝜗 is the velocity vector.

Momentum Conservation

The Navier-Stokes equations for the studied incompressible flow is
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1

(𝜗. 𝛻) 𝜗 = − 𝜌 𝛻𝑝 + 𝛻 . (𝜈𝛻𝜗) + 𝑔

(3.2)

where p is the pressure, 𝜈 is the kinematic viscosity, and 𝑔 is the external body force
(gravitational acceleration).

Energy Conservation

The energy equation for the fluid can be expressed as
𝜕(𝜌𝐸)
𝜕𝑡

+

𝜕(𝜌𝜗𝑖 𝐸)
𝜕𝑥𝑖

(𝜏𝑖𝑗 )𝑒𝑓𝑓 = 𝜇𝑒𝑓𝑓 (
𝑘𝑒𝑓𝑓 = 𝑘 +

𝜕

𝜕𝑇

= 𝜕𝑥 (𝑘𝑒𝑓𝑓 𝜕𝑥 + 𝜗𝑖 (𝜏𝑖𝑗 )𝑒𝑓𝑓 )
𝑗

(3.3)

𝑗

𝜕𝑢𝑗 𝜕𝑢𝑖
2
𝜕𝑢𝑘
+
𝛿
) − 𝜇𝑒𝑓𝑓
𝜕𝑥𝑖 𝜕𝑥𝑗
3
𝜕𝑥𝑘 𝑖𝑗

𝑐𝑝 𝜇𝑡
𝑃𝑟𝑡

where 𝐸 is the total transported energy, 𝑘𝑒𝑓𝑓 is the effective thermal conductivity, (𝜏𝑖𝑗 )𝑒𝑓𝑓
is the deviatoric stress tensor, and 𝑇 is the temperature.

The balance of energy for the pipe is expressed as
𝛻. (𝑘𝑠 . 𝛻𝑇𝑠 ) = 0

(3.4)

where 𝑘𝑠 is the thermal conductivity of the solid part, and 𝑇𝑠 is the temperature of the solid
part.
Transport Equations for the Realizable k-ε model

The transport equations for the realizable k- model as per (Ramadan 2016)
𝜕
𝜕𝑡

𝜕
𝜕𝑡

(𝜌𝑘) +

(𝜌𝜀) +

𝜕
𝜕𝑥𝑗

𝜕
𝜕𝑥𝑗

𝜕

𝜇

𝜕𝑘

(𝜌𝑘𝑢𝑗 ) = 𝜕𝑥 [(𝜇 + 𝜎 𝑡 ) 𝜕𝑥 ] + 𝐺𝑘 + 𝐺𝑏 − 𝜌𝜀 − 𝑌𝑀 + 𝑆𝑘
𝑘

𝑗

𝜕

𝜇

𝜀2

𝜕𝜀

(𝜌𝜀𝑢𝑗 ) = 𝜕𝑥 [(𝜇 + 𝜎𝑡 ) 𝜕𝑥 ] + 𝜌𝐶1 𝑆𝜀 − 𝜌𝐶2 𝑘+
𝑗

𝜀

(3.5)

𝑗

𝑗

√𝜈𝜀

𝜀

+ 𝐶1𝜀 𝑘 𝐶3𝜀 𝐺𝑏 + 𝑆𝜀 (3.6)

where Gk is the turbulence kinetic energy generation due to the mean velocity gradient, Gb
is the turbulence kinetic energy generation due to buoyancy, YM is the fluctuating dilatation
in compressible turbulence to the overall dissipation rate, S is the source term, and the
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empirical values are 𝐶1 equal to 1.44, 𝐶2 equal to 1.9, 𝜎𝜀 equal to 1.0, and 𝜎𝑘 is equal to
1.2.
2.3.3 Boundary Conditions

According to Table 2.3, the velocity in the inlet is fixedValue, which is a fixed
value constraint. The velocity on the pipe-fluid interface is set to noSlip boundary condition
which applies the fixedValue constraint of zero velocity, and it is zeroGradient at the outlet
port. This boundary condition sets a zero-gradient of a specific parameter from the patch
internal field to the patch faces. Also, OutletInlet boundary condition provides a generic
inflow with the outflow when there is reverse flow. A specific wall function is set for each
turbulent parameter in the fluid-pipe interfaces. Turbulence properties of Realizable k and
ε (realizableKE) are calculated based on the following equations and Table 2.4. The reason
for selecting realizable k- is because of the large and adverse gradients inside the bend, it
also improves the performance of rotation, recirculation, and streamline curvature. To
conjugate the heat transfer, the temperature of the pipe-fluid interface is set to
Compressible::turbulentTemperatureCoupledBaffleMixed. The inlet temperature is 300 K
and the temperature of the outer wall of the pipe is set to be constant and equal to 275 K.
The flow is assumed to enter the pipe inlet at the velocity of 0.57m/s for the flow at Re =
6×104, and 0.0057 m/s for the flow at Re = 600. The case considered is under the pipe-fluid
type, the outlet patches are set to zeroGradient for the velocity, k, and ε, and the
temperature.
Reynolds Number,
𝐼𝑛𝑒𝑟𝑡𝑖𝑎 𝐹𝑜𝑟𝑐𝑒𝑠

𝑅𝑒 = 𝑉𝑖𝑠𝑐𝑜𝑢𝑠 𝐹𝑜𝑟𝑐𝑒𝑠 =

𝜌𝑈𝐷ℎ

(3.7)

𝜇

where ρ is the density of the fluid, U is the velocity in the inlet, Dh is the pipe hydraulic
diameter, and μ is the dynamic viscosity of the fluid.
The turbulent kinetic energy,
3

𝑘 = 2 (𝑈𝐼)2

(3.9)

where U is the velocity in the inlet, and I is the turbulent intensity that is set as 1% in the
inlet.
The empirical constant used in for turbulent flow,
𝜀 = (𝐶𝜇 )

3⁄ 𝑘 3⁄2
4
𝑙

(3.10)
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where 𝐶𝜇 ≅ 0.009. The turbulent length scale of the large energy eddies in the inlet is set
as:
𝑙 = 0.5𝐷ℎ

(3.11)

The turbulent viscosity,
𝜇𝑡
𝜇

𝑘2

= (𝐶𝜇 )𝜌 𝜇𝜀

(3.12)

Table 2.3 Initial and boundary condition parameters type

inlet

outlet

pipe_fluid_interface

pipewall

U

fixedValue

zeroGradient

noSlip

-

p

zeroGradient

fixedValue

zeroGradient

-

T

fixedValue

OutletInlet

𝜀

fixedValue

zeroGradient

epsilonWallFunction

-

k

fixedValue

zeroGradient

kqRWallFunction

-

Compressible::turbulentTempera
tureCoupledBaffleMixed

Table 2.4 Turbulent parameters

6×104

Reynolds
Turbulence Intensity (%)

1

Turbulent Kinetic Energy (m2/s2)

5×10-5

Turbulent Dissipation (m2/s3)

5.9×10-6

Turbulence Viscosity Ratio

9.8×10-7

Turbulence Length Scale (m)

12

0.007

fixedValue

2.4 Validation
Fig. 2.5 shows the mesh independency graph from a coarse mesh to the optimum
fine mesh. Considering the measured referenced pressure, it was observed that regardless
of the Reynolds number, 3.0×106, 3.6×106, and 3.9×106 mesh elements are adequate in
terms of solution convergence and accuracy and yet not overly computational expensive
for the curvature ratios of 0.5, 0.25, and 0.1 respectively.
The validation of the numerical simulation is carried out by comparing the
numerical results with the experimental test (𝛿 = 0.25). The wall pressures are plotted
against the experimental data of Sudo et al. (2000) at five circumferential angles of θ = 0°,
±45°, ±90°, at various cross sections inside the bend and downstream. Fig. 2.6 shows the
comparison of both numerical results and the experimental pressures of a referenced point
in one diagram. The results show that the numerical pressure coefficients have the
maximum of 3.7% deviation from the experimental values. Also, Fig. 2.7 shows the
velocity distribution of flow through the U-bend pipe in contrast with Sudo's experimental
test results. The simulation and the experimental test contours show a good compliance
with the maximum deviation of 1%.

3.6×106

Fig. 2.5 Pressure coefficient at δ = 0.25 and Re = 6×104 against mesh sizing at Z'/D = 17.6 as the
reference point
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Fig. 2.6 Comparison of the experimental (Sudo et al. 2000) and numerical pressure coefficients,
𝑝−𝑝
𝐶𝑝 = 1 𝑟𝑒𝑓
, at Re = 6×104
2
2

𝜌𝑈0

(a)

Flow
φ = 0°
φ = 90°

Z/D=5

φ = 180°

(b)
Fig. 2.7 Non-dimensional velocity of the simulated flow by OpenFOAM compared to the
experimental test results for Re = 6×104. [(b) is reprinted with permission from (Sudo et al. 2000),
Copyright 2000 by Springer]

2.5 Results
The results concerning the change of Dean number due to the change in the
curvature ratio shows that for the flow at Re = 600, there is a more varied pressure
distribution with larger magnitudes and smaller total pressure loss when increasing the
Dean number. This reduction of total pressure loss continues up to a point where further
increase in curvature ratio does not reduce the amount of total pressure loss. However,
14

since the increase of Dean number causes a lower total pressure loss and lower heat transfer
at the same time, when selecting the bend curvature ratio, a balance between Dean number
and the total pressure loss based on the required heat transfer needs to be considered. For
the flow at Re = 6×104, among the three curvature ratios of 0.1, 0.25, and 0.5, it is found
that although the heat transfer of the flow decreases with the increase of Dean number, the
total pressure loss of the U-bend system with the curvature ratio of 0.25 is the lowest, which
makes the bend curvature of 0.25 a better option for the U-bend system in terms of flow,
because the lower total pressure loss coefficient contributes to a lower pumping power.
However, these results need to be tied with heat transfer to have a better judgement about
a proper bend curvature that is being studied later in this chapter.

2.5.1 Distribution of pressure at Re = 600

Fig. 2.8 shows the pressure distribution of flow at Re = 600 inside the U-bends of
three Dean numbers. As the flow travels inside the bend, the pressure gradient is formed in
the outward region of the bend (between the centerline and the outer wall) to balance the
centrifugal force. Hence, the fluid is directed toward the outer side of the bend, creating a
large pressure near and on the outer wall and a lower pressure on the inner wall. It is also
observed that the variations of pressure distribution are enhanced at a higher Dean number
due to an increase in the bend curvature ratio. When the flow enters the downstream, the
slope of pressure drop of the three pipes has equal trends, but they have different values
because they are affected by different curvature ratios.

(a)
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(b)

(c)
Fig. 2.8 Pressure coefficient of flow at Re = 600 inside the bend with (a) the curvature ratio of
0.1, (b) the curvature ratio of 0.25 , and (c) the curvature ratio of 0.5

2.5.2 Distribution of pressure at Re = 6×104

Fig. 2.9 shows the pressure distribution of flow in the bend and some downstream
distances. When the fluid enters the U-bend, the uniformity of pressure is disturbed. In a
way that the pressure in the outer wall increases and the pressure in the inner wall
decreases. The increase of Dean number causes a larger variation of pressure. As a result,
the curvature ratio of 𝛿 = 0.5 has a wider distribution of pressure. This is basically due to
the fact that the pressure gradient that is generated to balance the centrifugal force is so
large that deflects the growth of pressure toward the inner wall. The result is that the
pressure in the inner wall is lower than the pressure in the outer wall. Soon after the fluid
16

flows into the downstream, the pressure variations are alleviated and there is a uniform
trend until the outlet.

(a)

(b)

(c)
Fig. 2.9 Pressure coefficient of flow at Re = 6×104 with (a) the curvature ratio of 0.1 and (b)
curvature ratio of 0.25, and (c) the curvature ratio of 0.5.
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2.5.3 Total pressure loss

In this study, Eq. 2.13 has been defined to calculate the total pressure loss of the Ubend system. The results of the total pressure loss calculations for the three curvature ratios
are demonstrated in Fig. 2.10. The comparison among the curvature ratios of 0.1, 0.25, and
0.5 when the flow is at Re = 6×104 shows that the largest (𝛿 = 0.5) and the smallest (𝛿 =
0.1) bend curvatures of the studied cases have higher total pressure losses than the bend
curvature of 𝛿 = 0.25. That is to say, the increase of the bend curvature from 0.1 to 0.25
reduces the total pressure losses by 6.9% and the reduction of the bend curvature from 0.5
to 0.25 reduces the total pressure loss of the system by 3%. As a result, the curvature ratio
must be focused when designing a U-bend system.
For the flow at Re = 600, however, the increase of the bend curvature ratio results
in a consistent decrease of total pressure losses. From the curvature ratio of 𝛿 = 0.1 to 𝛿 =
0.25, the total pressure loss is decreased by 6.9% and from the curvature ratio of 𝛿 = 0.25
to 𝛿 = 0.5, the total pressure loss is reduced by 2.1%. This means that the consistent increase
of curvature ratio reduces the amount of total pressure loss which seems to be reducing up
to a certain point.
Considering the calculations, the total pressure loss conclusions, must be tied with
the heat transfer of the U-bend systems to have a good judgement about the most efficient
curvature ratio. The heat transfer will later be discussed in this chapter.

(a)

(b)

Fig. 2.10 Total pressure loss of the U-bend system with the flow at (a) Re = 6×104 and the flow
at (b) Re = 600
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𝜌

Mass Flow Average of Total Pressure: 𝑝̅𝑡𝑀 = (𝑚̇)∫𝐴 𝑝𝑡 (𝑢
⃗ ∙ 𝑛⃗)𝑑𝐴

(2.13)

where pt is the total pressure, M is the mass flow, A denotes the area of both inlet and
outlet, 𝑢
⃗ is the velocity vector, 𝑛⃗ is the unit vector that is normal to surface, and 𝜌 is the
density of the running fluid.
2.5.4 Velocity and Dean cell development

The velocity evolution of the three curvature ratios of flow at Re = 600 inside the
U-bend is shown in Fig. 2.11. Also, Fig. 2.12, 2.13, and 2.14 show the velocity contours
of the flow inside the U-bend with the curvature ratios of 0.1, 0.25, and 0.5, respectively.
Similarly, the velocity evolution of the three curvature ratios of the flow at Re = 6×104 is
demonstrated in Fig. 2.15, with the contours of the lowest to the highest curvature ratios as
per Fig. 2.16, 2.17, and 2.18. The left and right hand side of each figure is the inner
curvature wall and the outer curvature wall respectively. Also, the normalized velocity of
every single graph is within the scale of 0 to 2.
As shown in Fig. 2.11-a, when the fully developed laminar flow is introduced to
the bend inlet, a small velocity deflection occurs toward the inner curvature wall, in a way
that the velocity displacement is larger in a higher Dean number. Shortly after the fluid
travels inside the bend, the generated centrifugal force impacts the incoming flow, resulting
in a large pressure gradient in the space between the centerline and the outer wall to balance
the centrifugal force. As a result, the momentum of flow is directed toward the outward
region (Fig. 2.11-b). But this move occurs faster in lower Dean numbers due the lower
curvature ratio of the bend. Also, the large flow momentum near the outer wall moves
toward the inner wall, making two velocity peaks on both sides and a valley in the middle
(Fig. 2.11-c). This valley abates when the fluid momentum in the inner half of the
secondary flow is driven to the center, making the smallest flow momentum in the inward
wall (Fig. 2.11-d).
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(a)

(b)
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(c)

(d)

Fig. 2.11 Velocity distribution of flow at Re = 600 along the bends with the curvature ratios of
0.1, 0.25, and 0.5 and downstream

𝛗 = 𝟎°

𝛗 = 𝟑𝟎°

𝝋 = 𝟒𝟓°
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𝝋 = 𝟔𝟎°

𝝋 = 𝟕𝟓°

𝛗 = 𝟗𝟎°

𝝋 = 𝟏𝟐𝟎°

𝝋 = 𝟏𝟑𝟓°

𝝋 = 𝟏𝟓𝟎°

𝒁⁄ = 𝟏
𝑫

𝒁⁄ = 𝟕
𝑫

𝒁⁄ = 𝟒𝟎
𝑫

𝝋 = 𝟏𝟖𝟎°

Fig. 2.12 Velocity contours for Re = 600 & De = 190 (𝛿 = 0.1) at different cross sections. The left
hand side of each cross-section is the inner wall and the right hand side is the outer wall of the
secondary flow

𝛗 = 𝟎°

𝛗 = 𝟑𝟎°

𝝋 = 𝟒𝟓°

𝝋 = 𝟔𝟎°

𝝋 = 𝟕𝟓°

𝛗 = 𝟗𝟎°

𝝋 = 𝟏𝟐𝟎°

𝝋 = 𝟏𝟑𝟓°

𝝋 = 𝟏𝟓𝟎°

𝝋 = 𝟏𝟖𝟎°

𝒁⁄ = 𝟏
𝑫

𝒁⁄ = 𝟕
𝑫

𝒁⁄ = 𝟒𝟎
𝑫

Fig. 2.13 Velocity contours for Re = 600 & De = 425 (𝛿 = 0.25) at different cross sections. The left
hand side of each cross-section is the inner wall and the right hand side is the outer wall of the
secondary flow
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Fig. 2.14 Velocity contours for Re = 600 & De = 425 (δ=0.5) at different cross sections. The left
hand side of each cross-section is the inner wall and the right hand side is the outer wall of the
secondary flow

When the fully developed flow at Re = 6×104 enters the bend inlet (Fig. 2.15-a),
there is a large shift of fluid momentum toward the inner wall due to the rapid and large
formation of pressure gradient to balance the centrifugal force (Fig. 2.15-b). This
momentum displacement is stronger with longer durability with the curvature ratio
augmentation until the fluid flows to the second half of the bend. Also, the fluid momentum
displacement toward the outer wall occurs quicker within the first half with the reduction
of the bend curvature. Once the fluid momentum in the inward region moves from the
circumference to the outer wall with the larger curvature ratio (i.e. 𝛿 = 0.5), the velocity
peak in the inward region depreciates (Fig. 2.15-c), but still does not decay thoroughly until
the fluid flows through the downstream. As a result, a valley starts to grow in the space
between both halves which delays the recovery of flow in the downstream (Fig. 2.15-d).
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(d)

(c)

Fig. 2.15 Velocity distribution of flow at Re = 6×104 along the pipe bends with the curvature ratios
of 0.1, 0.25, and 0.1 and downstream. The left hand side is the inner wall and the right hand side is
the outer wall.
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Fig. 2.16 Velocity contours of flow at Re = 6×104 & De = 425 (𝛿 = 0.10) at different cross sections.
The left hand side of each cross-section is the inner wall and the right hand side is the outer wall of
the secondary flow
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Fig. 2.17 Velocity contours of flow at Re = 6×104 & De = 425 (𝛿=0.25) at different cross sections.
The left hand side of each cross-section is the inner wall and the right hand side is the outer wall of
the secondary flow
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Fig. 2.18 Velocity contours of flow at Re = 6×104 and De = 425 (𝛿 = 0.5) at different cross
sections The left hand side of each cross-section is the inner wall and the right hand side is the
outer wall of the secondary flow

The velocity at the bend and downstream cross sections are shown in Fig. 2.12,
2.13, and 2.14 which represent the flow at Re = 600 and Fig. 2.16, 2.17, and 2.18 that show
the development of fluid velocity at Re = 6×104. As per the law of conservation of energy,
it can be inferred that when the fluid velocity increases as a result of centrifugal force and
pressure gradient interactions at a constant mass flow rate (due to a constant fluid density),
the increase of kinetic energy of the fluid must be coming from the pressure. As a result,
the pressures go down at those spots where there is increased velocity (pressure distribution
already discussed at Fig. 2.8 and 2.9).
In both flow models, the velocity change procedure in the case with a sharper bend
occurs slower with more variations. This may be due to the fact that the evolution of
velocity within a curved passage takes more effect from the traveled length than the
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traveled angle. When the Reynolds number of the flow is 600, the recovering rate of
velocity to its parabolic form within the hydraulic diameter of the downstream becomes
slower as the curvature ratio increases. In the flow at Re = 6×104, however, the velocity in
𝛿 = 0.25 is recovered faster than other two simulated models in the downstream.

2.5.5 Vorticity

Fig. 2.19 and 2.20 show the vorticity contours and the normal vorticity vectors of
flow inside the bend with the three curvatures. In ParaView, the vorticity is specified with
creating a velocity field, then creating a Warp by Scalar at a specified location that we want
to demonstrate the vorticity, and finally computing Derivatives with selecting the output
vector type as vorticity and the output sensor type as Strain.
As per Fig. 2.19-a, the normal vectors of vorticity at the symmetry planes of the
bend with the bend angles of 0°, 45°, 90°, 135°, and 180° in the three bends
shows that when the fluid is introduced to the bend, the normal vorticity increases the near
wall. Soon after running inside the bend, the normal vorticity increases near the outer wall.
For the curvature ratios of 0.1 and 0.25, the normal vectors of vorticity grow in the middle
and in the vicinity of the outer wall until the fluid exits the bend. However, for the curvature
ratio of 0.5 (a sharp curvature) there is a reduction of vorticity near the outer wall with an
increase adjacent to the inner wall near 𝜑 = 90° of the bend. In the second half of the bend,
normal vectors of vorticity have almost equal values in each cross section, but as the
running fluid approaches the bend exit, the vorticity near the outer wall increases more than
the inner wall.
Observing the vorticity magnitude as per Fig. 2.19-b, 2.19-c, and 2.19-d, shows that
the maximum vorticity occurs in the outer wall. The vorticity magnitude rises near the axis
of symmetry. This generated vorticity is particularly noticeable when increasing the
curvature ratio of the bend. It is also observed that the vorticity begins to rise at the initial
bend angles when increasing the Dean number. Also, the vorticity becomes maximum in
the second half of the bend, and lasts longer in a more curved bend.
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Fig. 2.19 Dimensionless vorticity contours, streamlines, and vector lines of flow at Re = 600 for
the curvature ratios of 0.1, 0.25, and 0.5

The normal vectors of vorticity and the vorticity contours of flow at Re = 6×104
with the three curvature ratios are shown in Fig. 2.20. As per Fig. 2.20-a, for all the three
curvature ratios, the normal vectors of vorticity is very large near the inner wall all through
the bend. As the flow travels into the bend, the normal vorticity gradually is enhanced near
the outer wall until the flow exits the bend.
In Fig. 2.20-b, 2.20-c, and 2.20-d it is observed that a large magnitude of vorticity
occurs in the inner wall and grows toward the axis of symmetry in the first 90 degrees of
the bend. In the second half of the bend, the vorticity moves toward the inner wall as the
flow approaches the bend exit, and increases in magnitude in the inner wall. Also, the effect
of curvature enhances the vorticity magnitude and its longevity, however, delays the onset
of vorticity formation.

(a)
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Fig. 2.20 Vorticity contours, streamlines, and vector lines of flow at Re = 6×104 for the curvature
ratios of 0.1, 0.25, and 0.5

2.5.6 Turbulent Kinetic Energy

Fig. 2.21 shows the turbulent kinetic energy of flow at Re = 6×104 for the three
curvature ratios of 0.1, 0.25, and 0.5. It is observed that the bend curvature increases the
turbulent kinetic energy and a sharper bend results in a larger magnitude of turbulent
kinetic energy. In all the cases, there is a reduction of turbulent kinetic energy in the initial
distances of the inner wall and an enhancement of it in the outer wall. The delay in the
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generation and dissipation of it inside the bend compared with the velocity and vorticity
which demonstrate the same trend shows that the development of velocity, vorticity, and
turbulent kinetic energy do not depend on the bend angle (𝜑), but the traveled path of the
bend (𝑃 = 𝑅𝑐 × 𝜑).
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Fig. 2.21 Turbulent kinetic energy of flow at Re = 6×104 with the curvature ratio of (a) 𝛿 =
0.5, (b) 𝛿 = 0.25, and (c) 𝛿 = 0.1

2.5.7 Dean cell development at Re = 600

In curved pipes, the secondary flow motion is generated in the plane perpendicular
to the incoming flow. This phenomenon known as Dean cells is due to the generation of
the centrifugal forces that shift the axial fluid flow toward the wall of the curve (Noorani
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et al. 2013) and deflect the fluid due to its interaction with the pressure gradient. These
motions that make up counter rotating vortices, spin from the inner wall to the outer wall
in relation to the vertical axis that crosses from the diameter of the plane (See Fig. 2.1).
In the bend with the curvature ratio of 0.5 shown in Fig. 2.22, after the base cell
generation, that is inherent to all bends, the split-base, central base, and inner wall cells
start to shape up in the second half of the bend, making four Dean cells at each semicircular plane. Although the central and inner wall cells disappear before the bend outlet,
the base bend and the split-base cell flow into the downstream. Inside the downstream one
small cell shapes up and depreciates quickly at about the bottom center at Z/D = 0.01. Also
the central and the inner wall cells are recovered and depreciated from Z/D = 0.2 to 1 and
Z/D = 3.2 to 5.3 respectively.
For the curvature ratio of 0.25 in Fig. 2.23, the onset of Dean cells occur once the
flow enters the bend, and make up vortices known as base cell which circles at the entire
secondary flow domain and develops. The core of the base cell is about the mid-half of the
circulation domain that gradually moves toward the inner wall. Before the 90-degree bend,
a pair of kidney shaped vortices called the base-split cell, starts to grow due to the
emergence of an additional pressure gradient in the lower part of the domain near the skin.
Once the base-split cell is thoroughly created, another pair of vortices is generated at about
the center of the secondary flow domain. Right after the formation of the third Dean cell,
the fourth pair of vortices named inner wall cell shapes up from about 𝜑 = 85° because of
the boundary layer separation.
At the second half of the bend, the inner wall cell begins to depreciate and then the
central cell and the base-split cell start disappearing respectively. In the bend outlet, both
sets of cells are thoroughly disappeared, so there is only the base cell which is still in the
downstream. Here in the downstream, as the base cells become smaller in size along the
pipe, it moves toward the center of the secondary flow domain.
As per Fig. 2.24, for the curvature ratio of 0.1, the Dean cell development starts
with the base cell. This cell splits and makes a temporary split-base along with a temporary
central cell in the first half of the bend and then disappears by the bend angle of 90°. The
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Dean cell is located in the inward region and does not change its position (except some
minor displacements particularly while Dean cell splitting takes place). Also, another splitbase cell shortly emerges and disappears in the initial downstream distances.
The decay of the cells in all the three cases of flow at Re = 600 occur at nearly
similar downstream locations, this decay occurs almost equally on each side of both
secondary flow domains at each flow cross section.
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Fig. 2.22 Streamlines of flow at Re = 600 along the bend and downstream with the curvature ratio
of 0.5
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Fig. 2.23 Streamlines of flow at Re = 600 along the bend and downstream with the curvature ratio
of 0.25
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Fig. 2.24 Streamlines of flow at Re = 600 along the bend and downstream with the curvature ratio
of 0.1

2.5.8 Dean cell development at Re = 6×104

As per Fig. 2.25, at the curvature ratio of 0.5, the augmentation of curvature ratio
prevents the central and the base-split cell to shape up because a sharp bend creates a very
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large pressure gradient that makes no local imbalance between the centrifugal forces and
radial pressure gradient in the center. As a result, only the base Dean cell is created from
the bend entrance which lasts till the flow runs into downstream. When the curvature ratio
is decreased to 0.25 and 0.1 (Fig. 2.26 & 2.27), both central and base-split cells are created
due to the reason discussed earlier. However, they demonstrate different behaviors as the
flow runs from the bend oulet through downstream. For the curvature ratio of 0.25, all
disappeared vortices are regenerated in the downstream whereas for 𝛿 = 0.1, Dean cells do
not regenerate. As a result, only the base Dean cell runs into the downstream.
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Fig. 2.25 Streamlines of flow at Re = 6×104 along the bend and downstream with the curvature
ratio of 0.5
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Fig. 2.26 Streamlines of flow at Re = 6×104 along the bend and downstream with the curvature
ratio of 0.1
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Fig. 2.27 Streamlines of flow at Re = 6×104 along the bend and downstream with the curvature
ratio of 0.1

2.5.9 Friction distribution

Knowing the fact that the pressure gradient is formed to balance the generated
centrifugal force inside the U-bend, the regions of low and high pressures are created on
each side of the peak of pressure gradient. Then the fluid with the high momentum and as
a result, the velocity peak is deflected toward the low pressure region. It is observed that
the increase or decrease of velocity in the vicinity of the walls impact the wall shear force
and thus the friction coefficient directly. Having both flows of Re = 600 in Fig. 2.28 and
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Re = 6×104 in Fig. 2.29 into perspective, it is found that the friction magnitude on the
surface of the secondary flow affects the U-bend with the increase of Dean number, that is
to say, the augmentation of the curvature ratio intensifies variations of friction through the
U-bend. The change in Dean Number of both flows (Re = 600 & Re = 6×104) has an effect
on the magnitude of shear rates, and there are some longitudinal displacements at some
points, but no alterations on the overall pattern of friction occur.

Fig. 2. 28 Comparison of friction coefficient of flow at Re = 6×104 with the curvature ratios of
0.1, 0.25, and 0.5 along the bend and downstream
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Fig. 2. 29 Friction coefficient of flow at Re = 600 with the curvature ratios of 0.1, 0.25, and 0.5
along the bend and downstream
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Fig. 2. 30 Friction coefficient of flow at Re = 6×104 with the curvature ratios of 0.1, 0.25, and 0.5
along the bend and downstream

2.5.10 Nusselt number and the total heat transfer

Considering the Nusselt number that is calculated based on the below function, it
was observed that for the Reynolds number of 6×104 (Fig. 2.31-a), on an increase of Dean
number, there is a prominent increase of Nusselt number in the inner wall of the bend as the
peak of the fluid velocity is formed in the inner region. In the outer wall of the bend, however, the
Nusselt number of the larger Dean number is smaller because of the deflection of the fluid
momentum toward the inner wall which results in a lower velocity of the fluid in the outer region.
Little before the flow goes past the 90-degree-bend, the Nusselt number of the highest curvature
ratio increases as the flow starts gaining momentum near the outer wall.

In Fig 2.31-b which shows the Nusselt number of flow at Re = 600, unlike a high
Reynolds number flow, no significant variation of Nusselt number occurs in the inner wall
without regard to the change in the curvature ratio of the bend. However, the outer wall
experiences a high Reynolds number, basically due to the shift of flow momentum toward
the outer wall. Also, the Nusselt number in the outer wall increases when increasing Dean
number.
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(a)

(b)
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Fig. 2.31 Nusselt number of (a) the flow at Re = 6×10 and (b) the flow at Re = 600 in the bend
outer wall and inner wall

The total enthalpy of both flows (Re = 6×104 and Re = 600) with the three curvature
ratios in the U-bend system is shown in Fig. 2.32. The total enthalpy which is determined
by the ratio of the total heat transfer rate and the heat transfer rate in the inlet, shows the
dimensionless total heat transfer with respect to the heat transfer in the inlet. The results
show that at a low Reynolds number, there is a larger heat transfer because when the
Reynolds number is low, there is more residence time. Also, a comparison between the
three curvature ratios shows that a smaller curvature ratio, results in a larger heat transfer,
due to the fact that the bend with a smaller curvature ratio has more surface to travel inside
the bend than a sharper bend. In the studied cases, for the Reynolds number of Re = 6×104,
when the curvature ratio of the bend is increased from 0.1 to 0.25, the total heat transfer is
decreased by 8.1% and when the curvature ratio of the bend is increased from 0.25 to 0.5,
the total heat transfer is decreased by 2.2%. Also, for the Reynolds number of Re = 600,
when the curvature ratio is increased from 0.1 to 0.25, the total heat transfer is reduced by
3.6%, and when the curvature ratio is increased from 0.25 to 0.5, the overall heat transfer
is reduced by 0.66%.
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(a)

(b)

Fig. 2.32 Total heat transfer of flow at (a) Re = 6×104 and (b) Re = 600 inside of the running fluid

With regard to the fact that the enhancement of Dean number leads to a drop of
heat transfer, considering the total pressure loss of the U-bend system can be a good factor
in designing the bend curvature. At Re = 6×104, although 𝛿 = 0.1 has the higher heat
transfer, it has a low total pressure loss. 𝛿=0.5 (sharpest bend), also, has a high total
pressure loss, but the heat transfer is low. Meanwhile, for 𝛿 = 0.25, even though the heat
transfer is not as high as the 𝛿 = 0.1 (8.1% lower), it has the lowest total pressure loss (up
to 6.9%) among all the simulated cases, which makes it the right bend curvature.
For Re = 600, the increase of the bend curvature ratio brings about a 9% of lower
total pressure loss and 4.3% of lower heat transfer. Hence, due to the existence of a
desirable and undesirable phenomenon at the same time, studying other parameters which
that make a specific bend curvature a better option need to be taken into consideration
which is part of the future work of this study.
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2.5.11 Reynolds number effects

The overall conclusion of the effect of Reynolds number shows that the outlet
temperature of the fluid decreases, and at higher Reynolds number, the outlet temperature
takes less effect from the Reynolds number augmentation while there is a counter impact
when enhancing the pipe length which is being discussed below.
The outlet temperature contours of flow at Reynolds numbers of 1×104, 2×104,
3×104, 4×104, 5×104, and 6×104 which correspond to the Dean numbers of 0.5×104,
1.0×104, 1.5×104, 2.0×104, 2.5×104, and 3.0×104 are shown in Fig. 2.31 and tabulated in
Table 2.5.
Table 2.5 Model conditions of the U-bend system based on the change in Reynolds number
Initial
temperature (K)

Velocity (m/s)

Reynolds
number

Dean number

Model 1

0.10

1.0×104

0.5×104

Model 2

0.19

2.0×104

1.0×104

Model 3

0.29

3.0×104

1.5×104

0.39

4.0×104

2.0×104

Model 5

0.48

5.0×104

2.5×104

Model 6

0.58

6.0×104

3.0×104

Model 4

300

Fig. 2.33 shows the temperature variations when increasing the Reynolds number
at the heating mode of operation, where θ' is the dimensionless temperature, Th is hottest
temperature, Tc is the coldest temperature, and Ta is the ambient temperature. The fluid
temperature is set to 300K in the inlet. This figure shows that the increase of Reynolds
number from Re = 1×104 to Re = 6×104, reduces the temperature of fluid in the outlet from
318.2 K to 304.5 K. Meanwhile, the temperature is less affected by the change in Reynolds
number. Also, the flow at a higher Reynolds number brings about heated fluid at the
circumference of the pipe cross sections. Due to the fact that the flow is restricted by the
bend and a recirculation happens at the bend exit, the fluid does not have a uniform
distribution of temperature (Lyu et al. 2017).
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Fig. 2.33 The outlet temperature with the variation of Reynolds number

Reynolds numbers of Re = 1×104, 2×104, 3×104, 4×104, 5×104, and 6×104 in the
cooling mode of operation are also shown in Fig. 2.34. The initial temperature of the
running fluid is 300K in the U-bend and the ambient temperature is 275K which makes
equal the temperature difference compared with the heating mode. Having both heating
and cooling modes into perspective, it is found that the heating mode of the U-bend has
more impact on the outlet temperature of the running fluid than the cooling mode.
0.72

θ' = (Tc-Ta) / (Th-Ta)

0.7
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0.64
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Fig. 2.34 Cooling rate and the temperature in the outlet with the variation of Reynolds number
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2.5.12 U-bend Length

The outlet temperature contours of flow is demonstrated in Fig 2.35 which shows
the fluid at the specific Reynolds number of 2×104 and the U-bend length of 4 m (38.5D),
7 m (67.3D), and 10 m (96.2D) as per Table 2.6. In Fig. 2.35, there is an overall increase
of temperature when increasing the pipe length.
Table 2.6 U-bend length conditions
U-bend length

Initial

Initial

Reynolds

Dean

(m)

temperature (K)

Velocity (m/s)

number

number

300

0.20

2.0×104

1.0×104

Case 1

4m (38.5Dh)

Case 2

7m (67.3Dh)

Case 3

10m (96.2Dh)

With a comparative view on a number of Reynolds numbers and the overall outlet
temperature at downstream lengths of 4 m (38.5D), 7 m (67.3D), and 10 m (96.2D), it is
observed that the temperature of the fluid in the outlet increases at each specific Reynolds
number when the pipe length increases (see Fig. 2.35). It is also inferred that a larger
Reynolds number reduces the outlet temperature under the boundary conditions tabulated
above. In this study, the outlet temperature is approximately increased by about 1.7 K/m.
As the heat extraction rate takes effect from the length of the U-bend system, it
would be better to use a long U-bend heat exchanger. However, this brings with it higher
installation costs and more pumping power. Hence, more research is required to overcome
the costs associated with material use and installation for the purpose of shortening
borehole length, which would be a part of the future work of this thesis.
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Fig. 2.35 Outlet temperature with the variation of Reynolds number

2.6 Conclusions
Curvature ratio effects:
The variations of pressure distribution are enhanced at a higher Dean number due
to an increase in the bend curvature ratio. This is basically due to the fact that the pressure
gradient that is generated to balance the centrifugal force is so large that the direction and
the rate of pressure is deviated and increased toward the inner wall. The result is that the
pressure in the inner wall becomes lower and the pressure in the outer wall becomes higher.
Soon after the fluid flows into the downstream, the pressure variations are alleviated with
a uniform trend until the outlet.
For the flow at Re = 600, however, the increase of the bend curvature ratio results
in a consistent decrease of total pressure losses. This means that the consistent increase of
curvature ratio reduces the amount of total pressure loss to a certain point.
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At Re = 6×104, there is a Dean number from which further increase or decrease of
the curvature ratio, increases the total pressure loss. As a result, the curvature ratio must be
regarded as an important parameter to study when designing a U-bend system.
Shortly after the fully developed flow at Re = 600 travels inside the bend, the
generated centrifugal force impacts the incoming flow, resulting in a large pressure
gradient in the space between the centerline and the outer wall to balance the centrifugal
force. As a result, the momentum of flow is directed toward the outward region.
When the fully developed flow at Re = 6×104 enters the bend inlet, there is a large
shift of fluid momentum toward the inner wall due to the rapid and large formation of
pressure gradient to balance the centrifugal force. This momentum displacement is stronger
with longer durability with the curvature ratio augmentation until the fluid flows to the
second half of the bend.
The shift of fluid momentum and the increase of velocity near the inner wall or the
outer wall impacts the wall shear rates, normal vorticity, and the heat transfer coefficient
directly, as a result, the friction coefficients, vorticity, and the Nusselt number increase on
the walls where there is an increase of velocity.
The flow at a low Reynolds number has a better total heat transfer due to a higher
residence time. However, this betterment of heat transfer happens at the cost of a high total
pressure loss. Also, selecting the right bend curvature can contribute to improving the
performance of the U-bend system.

Reynolds number and U-bend length:
The increase of Reynold number (Dean number) decreases the outlet temperature.
Also, at high Reynolds number, the outlet temperature takes less effect from the Reynolds
number augmentation.
In the heating mode of operation, the increase in the U-bend length increases the
temperature in the outlet of the U-bend system as well as the amount of heat that is
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extracted. However, the outlet temperature is decreased when increasing the Reynolds
number and that results in the enhancement of the heating rate.
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CHAPTER 3 – The effects of center-in versus annulus-in flow, bucket space length,
and Reynolds number on the performance of coaxial heat exchangers

3.1 Introduction
Geothermal heat exchanger is a promising technology which can help mitigating
the climate change challenge (Van der Zwaan and Dalla Longa 2019). Particularly in recent
years, the coaxial configuration is gaining significant attention. This coaxial configuration
promises consequential improvement in the performance of the borehole heat exchanger.
Specifically, some studies (Cvetkovski et al. 2014 and Song et al. 2018) indicate that
coaxial borehole heat exchanger (CBHE) can lead to better heat transfer and less total
pressure loss compared to its conventional counterpart, U-bend heat exchanger. For cooling
applications where heat is injected into the ground, Iry and Rafee (2019) found that an
inner-outer diameter ratio of 0.65 resulted in the best thermal performance for the range of
conditions they studied. This concurred with an earlier study by Yekoladio et al. (2013),
who discovered that a diameter ratio of 0.65 led to the lowest pressure drop. It should be
noted that the optimal diameter ratio is a function of parameters such as pipe length and
inner pipe conductivity. The inner pipe conductivity becomes progressively more
important as the length of the conduit increases. Considerable thermal short-circuiting can
occur when the pipe is long (Zanchini et al., 2010). Therefore, for better performance it is
important to keep the inner pipe conductivity low for long borehole (Pan et al., 2019).
Li et al (2020), carried out a numerical test, and studied the effects of different types
of inner pipes. One finding was that when the thermal conductivity of the inner pipe is
small, there will be a small heat loss. Also, the heat transfer is improved when enhancing
the thermal conductivity of the inner pipe in the case of annulus-in flow.
In the present study, it is aimed to observe the center-in and annulus-in flow effects
on equal hydraulic diameters to provide a better understanding about pipe flow and heat
transfer performance. Also, the effects of bucket space height (the distance between the
center pipe and the bottom of CBHE) is studied. Finally, the impacts of Reynolds numbers
of 2×103, 1×103, and 2×104 on the performance of the system is presented and discussed.
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3.2 Coaxial Heat Exchanger Model
Fig. 3.1 shows the laboratory-scale experimental model of Gordon et al (2018). The
pipe material is hdpe with a thermal conductivity of 0.33 W/(m ∙ K) and a specific heat of
2500 J/(kg ∙ K). The borehole length is 4 m long. The inner diameter of the outer pipe is
5.54 cm with a pipe thickness of 0.23 cm and a hydraulic diameter of 2.54 cm. The 3.97 m
long inner pipe has an inner diameter (hydraulic diameter) of 2.54 cm and a thickness of

Dh= 2.54 cm t = 0.23cm

Dh= 5.54 cm t = 0.23 cm

0.23 cm. The temperature of the borehole wall is assumed to be constant (T = 291.75K).

Fig. 3.1 Schematic diagram of coaxial heat exchanger, cross sectional view

3.3 Numerical Simulation
As it is shown in Fig. 3.2, an axisymmetric wedge along the pipe has been
developed by two planes along the axis. In case of 2D pipes, the rotation angle must be less
than 5 degrees with the thickness of one cell as per (Wedge n.d.). In this study, the specified
wedge has a two-degree rotation. The developed wedge consists of the inner pipe, outer
pipe, fluid inside the inner pipe, fluid inside the annulus, and the bucket space.
Quadrilateral meshing was selected with thin biases near the pipe-fluid walls.
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Annulus Fluid

Inner Pipe Wall

Inner Pipe Fluid

Fig. 3.2 Wedge of the computational grid in axisymmetric plane

OpenFOAM v.5, an open source CFD software, is used to carry out all simulations
in this study. This software solves the Navier-Stokes and energy equations that are
discretized in the form of cell centered volume method. The semi-implicit method for
pressure-linked equation (SIMPLE) algorithm is adopted to do the iterative numerical
simulations with SST k-ω turbulence model due to the existence of separation. The
convergence criteria of all governing equations are set to 10-6.
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3.3.1 Governing Equations

Mass conservation or continuity equation for the incompressible fluid, water, is as follows:
𝛻⃗ ∙ 𝜗 = 0

(3.1)

The momentum conservation of Navier-Stokes equations in forced convection and
incompressible flows is as follows:
1

(𝜗 ∙ 𝛻) 𝜗 = − 𝜌 𝛻𝑝 + 𝛻 ∙ (𝜈𝛻𝜗) + 𝑔

(3.2)

where p is the pressure, 𝜈 is the kinematic viscosity, and 𝑔 is the body on the continuum
due to an external force (gravitational acceleration).

Energy Equation:
𝜕
𝜕𝑡

(𝜌𝐸) +

𝜕
𝜕𝑥𝑖

[𝑢𝑖 (𝜌𝐸 + 𝑝)] =

(𝜏𝑖𝑗 )𝑒𝑓𝑓 = 𝜇𝑒𝑓𝑓 (
𝑘𝑒𝑓𝑓 = 𝑘 +

𝜕

𝜕𝑇

𝜕𝑥𝑗

(𝑘𝑒𝑓𝑓 𝜕𝑥 + 𝑢𝑖 (𝜏𝑖𝑗 )𝑒𝑓𝑓 ) + 𝑆ℎ
𝑗

(3.3)

𝜕𝑢𝑗 𝜕𝑢𝑖
2
𝜕𝑢𝑘
+
) − 𝜇𝑒𝑓𝑓
𝛿
𝜕𝑥𝑖 𝜕𝑥𝑗
3
𝜕𝑥𝑘 𝑖𝑗

𝑐𝑝 𝜇𝑡
𝑃𝑟𝑡

where E is the total transported energy, and Sh is the volumetric heat source.(𝜏𝑖𝑗 )𝑒𝑓𝑓 is the
effective deviatoric stress tensor. keff denotes the effective thermal conductivity, k is the
thermal conductivity of the fluid, and Prt is Prandtl number.
Transport Equations for the SST k-ω model as per (Zanchini et al. 2010) and (Li et al.
2020):
𝜕
𝜕𝑡
𝜕
𝜕𝑡

(𝜌𝑘) +
(𝜌𝜔) +

𝜕
𝜕𝑥𝑖
𝜕
𝜕𝑥𝑖

(𝜌𝑘𝑢𝑖 ) =

𝜕
𝜕𝑥𝑗

(𝜌𝜔𝑢𝑖 ) =

𝜕𝑘
(𝛤𝑘 𝜕𝑥 ) + 𝐺̃𝑘 − 𝑌𝑘 + 𝑆𝑘

𝜕
𝜕𝑥𝑗

𝑗

𝜕𝜔

(𝛤𝜔 𝜕𝑥 ) + 𝐺𝜔 − 𝑌𝜔 + 𝐷𝜔 + 𝑆𝜔
𝑗

(3.4)
(3.5)

where 𝛤𝑘 is the effective diffusivities of 𝑘, 𝐺̃𝑘 is the generation of k, 𝑌𝑘 is the dissipation
of k due to turbulence, and 𝑆𝑘 is the source terms. Also, 𝛤𝜔 represent the effective
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diffusivities of 𝜔, 𝐺𝜔 denotes the generation of 𝜔, 𝑌𝜔 is the dissipation of 𝜔, and 𝑆𝜔 is the
source terms.
3.3.2 Boundary Conditions

A steady, uniform flow enters either the inner pipe or the annulus between the two
pipes with the velocity as per Table 3.1. The effects of center-in and annulus-in flow as
well as the inner pipe length are studied at one specific Reynolds number (Re = 20,000).
Only the part related to the effects of Reynolds number has the velocity differences. The
reason for selecting these Reynolds numbers with a considerable difference is to find the
overall trend of flow and heat transfer due to the change in the velocity of flow when using
different pumping systems with different pumping powers.
According to Table 3.2, the velocity in the inlet is fixedValue, which is a fixed
value constraint. The velocity next to a wall is set to noSlip boundary condition which
applies the fixedValue constraint of zero velocity, and it is zeroGradient at the outlet port.
This boundary condition sets a zero-gradient of a specific parameter from the patch internal
field to the patch faces. Also, OutletInlet boundary condition provides a generic inflow
with the outflow when there is reverse flow. A specific wall function is set for each
turbulent parameter in the fluid-pipe walls. And each plane of the developed wedge
provides a cyclic condition between the plane boundaries with wedge constraint. The below
equations are used to determine the turbulent properties of SST k- ω. The calculated values
are presented in Table 3.3.

Reynolds Number:
𝐼𝑛𝑒𝑟𝑡𝑖𝑎 𝐹𝑜𝑟𝑐𝑒𝑠

𝑅𝑒 = 𝑉𝑖𝑠𝑐𝑜𝑢𝑠 𝐹𝑜𝑟𝑐𝑒𝑠 =

𝜌𝑈𝐷ℎ

(3.6)

𝜇

where ρ is the density of the fluid, U is the velocity in the inlet, Dh is the pipe hydraulic
diameter, and μ is the dynamic viscosity of the fluid.

The turbulent Kinetic energy:
3

𝑘 = 2 (𝑈𝐼)2

(3.7)

where U is the velocity in the inlet, and I is the turbulent intensity that is set as 1% in the
inlet.
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Turbulent length scale:
𝑙 = 0.5𝐷ℎ

(3.8)

Turbulent dissipation rate
𝜔 = (𝐶𝜇 )

−1⁄ √𝑘
4
𝑙

(3.9)

where 𝐶𝜇 is the empirical constant used in for turbulent flow which is approximately equal
to 0.009

The turbulent viscosity:
𝜇𝑡
𝜇

=

𝜌𝑘

(3.10)

𝜇𝜔

Table 3.1 Input parameters of the hydrodynamic
simulation tests
Numerical Models
Material

Water

Density (kg/m3)

998.2

Thermal conductivity (W/m∙K)

0.60

Specific heat (J/kg ∙ K)

4200

Dynamic Viscosity (P)

0.001003
0.08

Velocity (m/s)

0.4
0.8
303.15

Temperature (K)

Table 3.2 Boundary conditions parameters
inlet
U fixedValue
p zeroGradient
T fixedValue
ε fixedValue
k fixedValue
calculated
μ

outlet
zeroGradient
fixedValue
OutletInlet
zeroGradient
zeroGradient
calculated

pipe_fluid_interface
noSlip
zeroGradient
Compressible::turbulentTemperatureCoupledBaffleMixed
epsilonWallFunction
kqRWallFunction
nutkWallFunction
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Table 3.3 Conditions for SST k-ω
Turbulent parameters
Reynolds Number
Turbulence Intensity (%)
Turbulent Kinetic Energy (m2/s2)
Turbulent Dissipation (m2/s3)
Turbulence Viscosity Ratio
Turbulence Length Scale (m)

2×103
1
3.6×10-5
8.3×10-6
1.005×10-6
0.0127

1×104
1
6×10-4
5.6×10-4
1.005×10-6
0.0127

2×104
1
2×10-3
3.5×10-3
1.005×10-6
0.0127

3.3.3 Model Domain

Prior to running the simulations, the input parameters (i.e. the fluid density,
viscosity, velocity in the inlet, and turbulent properties) were determined and contributed
to the completion of the model setup to study the flow and thermal behavior and some
characteristics of it in the coaxial piping configuration without radiation occurrences based
on Equations 3.6 to 3.10 that were presented earlier in this chapter. In this study, in addition
to simulating Gordon et al.'s (2018) test conditions, two additional models are developed
with an increase in the Reynolds number to compare the results based on the increment of
Reynolds number. Table 3.1 shows the input parameters of the hydrodynamic simulation
for all simulated cases.
3.3.4 Model Verification and Validation

The grid independency test is carried out to determine the mesh size along the
stream direction. Given the measured outlet temperature (Tout), 5.7×105 mesh sizing
satisfies the independency to mesh (see Fig. 3.3). Also, the outlet temperature of the
simulated model which was 298K was found to be about 0.67% of deviation from the
experimental output that was measured to be 300 K by (Gordon et al. 2018).
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Fig. 3.3 Temperature against mesh sizing

3.4 Results
The results concerning the center-in flow versus the annulus-in flow, the length of
the bucket space, as well as the Reynolds number effects on the total pressure loss and the
heat transfer are presented as follows:
3.4.1 Center-in vs. Annulus-in Flow Directions
Having both center-in and annulus-in flows into perspective, it is found that the
amount of total pressure loss in the case of annulus-in flow is dramatically larger than the
center-in flow, however, the heat transfer of the center-in flow is 5.7% smaller. This makes
center-in flow systems a more suitable case at the cost of a smaller heat transfer.

Pressure distribution and pressure drop

The way the bottom of the borehole affects the pressure of the flow differs
completely when changing the flow inlet from the center pipe to the annulus. When the
flow is introduced through the inner pipe or the annulus, the pressure drop in the center-in
flow case is less than the pressure drop of the annulus-in flow at the bottom of the borehole
(see Fig. 3.4) due to the fact that the flow in the bucket space coming from the center pipe
resists to enter the bounded region between the inner pipe and the outer pipe while the
incoming flow from in the annulus-in case which is restricted to the bounded region
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between the center pipe and the annulus is accompanied by an expansion which leads to a
large drop of pressure.

Fig. 3.4-a shows the pressure drop in the inner pipe and the annulus space for both
center-in and annulus-in flow directions which is determined based on the value of the
mass flow average of the total pressure demonstrated in Eq. 3.11 where 𝜌 is the fluid
density, ṁ is the mass flow rate of the running fluid, u
⃗ is the velocity vector and A is the
area. It is observed that in either of the flow directions, the pressure in the inner pipe drops
more than the pressure in the annulus space. Also, comparing both flow directions in Fig.
3.4-b shows that the amount of total pressure loss in the annulus-in flow case is larger than
the center-in flow direction. As per Fig. 3.5 which shows the pressure in the bucket space,
the reason for a larger total pressure loss for the annulus-in flow is the large drop of pressure
when the flow in the bounded region between the inner pipe and the outer pipe is expanded
when it reaches the bucket space and finds a way out to the inner pipe. In the case of centerin flow, when the fluid reaches the bucket space, it is restricted to the bounded region
between the inner pipe and the outer pipe as it enters downstream, which leads to less
pressure drop.

(a)

(b)

Fig. 3.4 (a) Pressure drop of center-in and annulus-in flows in the inner pipe and the annulus and
(b) Total pressure loss coefficient of center-in and annulus-in flows between the inlet and outlet
𝜌

𝑝̅𝑡𝑀 = (𝑚̇)∫𝐴 𝑝𝑡 (𝑢
⃗ ∙ 𝑛⃗)𝑑𝐴

(3.11)

59

Fig. 3.5 Pressure coefficient (𝐶𝑝 =

𝑃−𝑃𝑖𝑛
1
𝜌𝑈02
2

) of the center-in and annulus-in flow models against

end cap walls (Y* = Y/Dio)

In the center-in case, once the flow reaches the bottom of the borehole, the pressure
begins to increase, and a local peak at the center of the end cap surface is formed (see Fig.
3.6-a). In the bucket space (the space between the inner pipe and the outer pipe end), the
pressure gradient which defines the rate and the direction of pressure, increases, especially
near the bottom of the borehole corners where the flow return occurs (see Fig. 3.7-a)

When the flow is introduced through the center pipe, the pressure of the return flow
in the annulus space increases in the initial downstream distances until about X / D h = 3.
From this point until the downstream outlet, there is a reduction of pressure. In the annulusin case, however, the pressure at the bottom of the borehole in the bucket space is
distributed almost uniformly. The uniformity of pressure shown in Fig. 3.6-b as well as the
formation of a pair of vortices ring in the bucket space (see Fig. 3.14), which will later be
discussed, causes a sharp flow turn toward the inner pipe. The result is a large pressure
gradient and a flow separation at the edge of the inner pipe (See Fig. 3.7-b) as well as a
large reduction of pressure in the initial downstream distances. As the flow moves along
the downstream, the large reduction of pressure alleviates. Thus, there is a gradual decrease
of pressure until the outlet.
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Center-in

Annulus-in

(a)

(b)

Fig. 3.6 The pressure contours of the center-in and the annulus-in flow at the bottom of the
∆𝑃
borehole demonstrated in a dimensionless form (1 2 )
𝜌𝑈0

2

Center-in

Annulus-in

(a)

(b)

Fig. 3.7 Dimensionless local pressure gradient contours of the center-in and the annulus-in flow at
the bottom of the borehole with respect to the inlet pressure gradient.

The pumping power which is defined by the total pressure loss, mass flow rate, and
fluid density based on Eq. 3.12 shows that even with equal velocities in the inlet, the centerin flow case requires less pumping power compared to the annulus-in flow, because it has
less total pressure loss as the cross sectional area of the running fluid in the inlet surface of
the annulus is larger than the inner pipe surface. Therefore, as the center-in flow requires
less pumping power at equal hydraulic diameters and initial velocities, another geometrical
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characteristic, i.e. the position of the center pipe in relation to the end cap surface may be
one parameter in enhancing the performance of the borehole which will be discussed later
in this chapter.
𝑊𝑝𝑢𝑚𝑝 =

∆𝑃𝑡𝑜𝑡𝑎𝑙 ×𝑚̇

(3.12)

𝜌

Heat transfer

To determine the energy flow per unit area on the end cap, heat flux is calculated
based on Eq. 3.13 and shown in Fig. 3.8. The heat flux pattern in both center-in and
annulus-in flows is almost the same. For both cases, there is a reduction of heat flux from
the cap corners as we move toward the center. However, the heat flux of the center-in flow
demonstrates about 4.5% better heat transfer performance compared to the annulus-in case.

Fig. 3.8 Pipe wall heat flux against the end cap surface (Y* = Y/Dio)

Fig. 3.9-a shows the heat flux along the pipe and the end cap surface. It is found
that the heat flux on the end cap surface for the center-in flow is about 4.2% better than the
annulus-in flow, however, the heat flux on the outer pipe surface of the annulus-in flow is
about 7.1% better than center-in flow. Also, the total heat flux shown in Fig. 3.9-b of the
annulus-in flow indicates almost 3% betterment of heat flux compared to the center-in
flow. This betterment can also be observed when comparing the enthalpy of both center-in
and annulus-in cases based on Eq. 3.14. The results shown in Fig. 3.10 shows about 5.7%
improvement of the overall heat transfer of the annulus-in flow compared to the center-in
flow.
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(a)

(b)

Fig. 3.9 (a) Averaged Heat flux along the pipe and the end cap surfaces for the center-in and
annulus-in flow directions. And (b) Total heat flux for the center-in and annulus-in flow directions

q = (Ta - Tp) × (1.0/h + totalSolidRes)

(3.13)

where q is the heat flux per unit area, Ta is the constant outer pipe wall, Tp is the interface
temperature, h is the heat transfer coefficient and totalSolidRes is the sum of thermal
resistance

Fig. 3.10 Total heat transfer in the cases of center-in and annulus-in dimensionless by the inlet
enthalpy

ℎ = 𝑐𝑝 ∙ ∆𝑇

(3.14)

where ℎ is the enthalpy, 𝑐𝑝 is the specific heat, and ∆𝑇 is the temperature difference
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The local rate of heat transfer is presented in its normalized form on the end cap
surface based on Eq. 3.15 as follows.
𝑁𝑢 =

ℎ𝑐
𝑘

𝐷ℎ

(3.15)

where hc is the convection coefficient, k is the thermal conductivity, and Dh is the hydraulic
diameter.
The hydraulic diameter for the center-in flow will be the inner diameter of the center
pipe and the hydraulic diameter of the concentric annulus-in flow determined by the
subtraction of the inner diameter of the outer pipe (Dio) and the outer diameter of the inner
pipe (Doi) that is shown in Eq. 3.16 according to (Iry and Rafee 2019), (Morchio and Fossa
2019, and Gordon et al. 2017).
Concentric annulus:
𝐷ℎ =

4×𝐴
𝑝

=

2
2
4×(𝜋⁄4)×(𝐷𝑖𝑜
−𝐷𝑜𝑖
)

𝜋×(𝐷𝑖𝑜 +𝐷𝑜𝑖 )

= 𝐷𝑖𝑜 − 𝐷𝑜𝑖

(3.16)

The results in Fig. 3.11-a show that the Nusselt number has some drops at some
points for the center-in and annulus-in flows in the coaxial pipes with a flat end cap. The
reasons for these drops are expected due to the onset and/or termination of streamline cells
and the stagnation point which makes minimum friction on those spots (which will be
discussed later in this study). Comparing the Nusselt number of both flow directions shows
that the center-in flow is approximately 2.4 times larger than the annulus-in flow on the
bucket space surface at the bottom of the borehole. In Fig. 3.11-b, however, the Nusselt
number on the outer pipe surface shows that unlike the end cap, the Nusselt number of the
annulus-in flow is on average about 2.5 times larger than the center-in flow. But the average
Nusselt number of the pipe surface shows that the Nusselt number of the center-in flow is
still larger than the annulus-in flow (1.2 times larger).
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(a)

(b)

Fig. 3.11 Nusselt number of the center-in and annulus-in flow (a) on the flat-end cap (Y* = Y/Dio)
and (b) along the pipe (X* = X / Xmax)

Friction

The uniform distribution of shear rates on pipe walls in the upstream is disturbed
as the fluid runs into the return space. The consequence can be observed in Fig. 3.12 where
there is a symmetrical distribution of wall friction on the caps regardless of the flow
direction. The minimum value of friction coefficient occurs on the end cap wall center due
to the symmetry of flow motion, the stagnation point, and the separation that happen at the
mid-point. The two other minimum points shown in Fig. 3.12, are also due to the separation
and an onset of streamlines rotation that is demonstrated in the streamlines figure (see Fig.
3.14). The largest shear rate values occur on end cap when the flow is introduced from the
inner pipe, however, in the vicinity of the cap center, friction coefficient values are in the
same range as annulus-in flow. The authoritative studies indicate that the Nusselt number
and the coefficient of friction have a direct relation which satisfies the comparison between
the friction and Nusselt number of this study.

65

Fig. 3.12 Friction coefficient of center-in and annulus-in flows on the end cap surface (Y* =
Y/Dio)

Velocity, vorticity, and turbulent kinetic energy
As shown in Fig. 3.13-a, the fully developed turbulent flow travels within the center
pipe. The velocity peak of the fully developed turbulent flow starts to diminish in the bucket
space under the effect of the pressure and separation that occurs on the end cap surface
from the bucket shaped space at the bottom of CBHE, making a concave velocity profile
near the end cap surface. The enhancement of the fluid velocity occurs on the outer wall,
so the flow with the maximum momentum shifts toward the outer pipe wall in the entrance
region of the annulus. Bearing the temporary velocity peak on the sides near the outer pipe
wall which is due to the pressure gradient (explained earlier in Fig. 3.6), the flow turns
toward the annulus entrance resulting in a pressure drop and a large turbulent kinetic energy
that is due to the expansion of flow through the annulus (see Fig. 3.14-a, and Fig. 3.16-a).
The boundary layer separation of flow along with the pressure gradient induces the rotating
recirculation which results in the generation of a ring of streamlines that is observed in Fig.
3.14-a, and the vorticity in Fig. 3.15-a.

Fig. 3.13-b shows the velocity distribution contour of the annulus-in flow at the
bottom of the CBHE. It is observed that when the flow passes through the concentric
annulus, the flow in the upstream and in the vicinity of the inner pipe wall takes a larger
momentum due to the large pressure gradient as per Fig. 3.6-b that occurs at the edge of
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the inner pipe and the pressure drop as the flow expands into the bucket-shaped space and
turns towards the inner pipe. The edge of the inner pipe causes a separation of boundary
layer. This recirculation towards the inside of the inner pipe wall turns into some obvious
defined streamlines (see Fig. 3.14-b) and a large turbulent kinetic energy as per Fig. 3.16b on the inside of the center pipe entrance. The vortices generation constrains the incoming
flow, from the annulus to the inner pipe, which along with the large pressure of in the
bucket-space bring about the maximum flow momentum inside the entrance of the center
pipe. Also, the fluid viscosity and no-slip boundary conditions on the walls along with the
flow turn, generate another ring of streamlines at the bottom of the bucket-shaped space.

Bucket Space

X / Dh = 4.0

Annulus-in

Bucket Space

X / Dh = 4.0

Center-in

(a)

(b)

Fig. 3.13 Velocity distribution of center-in and annulus-in flow directions at the bottom of the
coaxial pipes with flat-end and curved-end caps.

Center-in

Annulus-in

X / Dh = 4.0

X / Dh = 4.0

Fig. 3.14 Flow streamlines at the bottom of the coaxial BHEs for flat end caps in center-in and
annulus-in flow directions
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Center-in

Annulus-in

X / Dh = 4.0

X / Dh = 4.0

Fig. 3.15 Normalized vorticity contours of center-in and annulus-in flow directions

Center-in

Annulus-in

X / Dh = 4.0

X / Dh = 4.0

Fig. 3.16 Turbulent kinetic energy distribution contours of center-in and annulus-in flow
directions
3.4.2 Bucket space length

It would be interesting to see to what extent the bucket space length, the gap
between the inner pipe and the end of the outer pipe, provides the best performance
possible. As such, three bucket space lengths have been selected to observe how much the
flow and heat transfer are impacted. The location of the bucket space at the bottom of the
coaxial pipes is shown in Fig. 3.17, and the bucket space lengths of X / Dh = 0.6, 1.0, and
1.6 are selected. The results show that the bucket space length of X / Dh = 1.0, has the
minimum total pressure loss. Hence, any change in the bucket space length (a longer or a
shorter bucket space length) increases the total pressure loss of the system. It also enhances
the total heat transfer which makes it important to consider a balance between the pressure
drop and heat transfer due to the change bucket space length.
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X / Dh = 1.6

X / Dh = 1.0

X / Dh = 0.6

Fig. 3.17 Schematic diagram of the inner pipe in relation to the bottom of the CBHE (bucket
space)

Therefore, the bucket space length of X / Dh = 1 is found to be the most efficient
among other simulated cases. This means that the position of center pipe in relation with
the end cap must be taken into account

One important factor to consider the efficiency of a borehole heat exchanger would
be the total pressure loss that directly impacts the required pumping power. The measures
for the selection of a proper heat exchanger are to overcome the total pressure losses
associated with the borehole length as well as the pressure drops that every single flow
passage causes. As it is shown in Fig. 3.18, it can be inferred that the total pressure loss
decreases when the bucket space length decreases up to a length which provides the least
total pressure loss and thus the least pumping power. From this point, if the length of the
bucket space is shortened, the total pressure losses increase which results in the
enhancement of the required pumping power. Considering the losses in the center pipe,
bucket space and the annulus region at equal test and boundary conditions, the system with
the bucket space length of X / Dh = 1 requires the least pumping power in the inlet at equal
flow rates based on Eq. 3.12. Meaning that there is a length that provides the minimum
pumping power. As a result, further increase or decrease of the bucket space length
enhances the pressure drop and subsequently the pumping power. So the position of the
center pipe in relation with the end cap must be taken into account so as to minimize the
69

total pressure loss. However, a balance between the improved heat transfer and the
reduction of total pressure losses needs to be taken into consideration so as to minimize the
total pressure losses which is going to be discussed later in this study.

Fig. 3.18 Dimensionless total pressure loss in the coaxial system based on change in the bucket
space length.

One consequence of the inner pipe displacement would be on the wall friction
coefficient. No significant change was observed except the spots where the flow return
occurs on the end cap wall. In those spots, the fluid through the shortest bucket space (X/Dh
= 0.6) bears the most friction. After this, the most friction belongs to the longest bucket
space (X/Dh = 1.6), meaning that there is not a direct relation between the wall friction and
the inner pipe length because the least wall friction occurs when the inner pipe length in
relation to the bottom of the borehole is X/Dh = 1.0 (see Fig. 3.19)

It is clear that the spots where the fluid returns or where there is a boundary layer
separation, indicate the formation of vortices, from where the friction drops to the
minimum value possible. The equal trend of the friction has a direct relation with the wall
heat transfer demonstrated in its dimensionless form of Nusselt number shown in Fig. 3.20.
However, unlike the wall friction, and Nusselt number, the pressure has an opposite impact
on the pipe wall, meaning that the pressure enhancement at one spot reduces increases the
velocity which leads to the increase of the heat transfer on that region, and where there is
a heat transfer increase, indicates higher velocity as a result of pressure reduction (see Fig.
3.21). In the studied cases, if selecting the bucket space length of X/Dh = 0.6 instead of
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X/Dh = 1.0, 4.2% improvement of Nusselt number is achieved at the cost of 15% of total
pressure loss at the bottom of borehole. The balance between the total heat transfer and the
loss coefficient is particularly significant. As a result, installing the inner pipe's position in
relation with the bottom of the borehole can create a balance between the improved heat
transfer and reduction of total pressure losses.

Fig. 3.19 Wall friction coefficient on the end cap surface (Y* = Y/Dio) based on the change in the
bucket space length

Fig. 3.20 Nusselt number against the end cap (Y* = Y/Dio) based on the change in the bucket
space length

Fig. 3.21 Pressure coefficient on the end cap surface (Y* = Y/Dio) based on the change in the
bucket space length
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3.4.3 Reynolds number effects

Having studied the incoming flow direction and the bucket space length, there is
room to see how the fluid behaves in flows with different Reynolds numbers. Three
Reynolds numbers have been selected to carry out this study. One is the Reynolds number
of the experimental study by (Gordon et al. 2018) (Re ≈ 2×103), one is the Reynolds number
by which the above study was performed (Re ≈ 2×104), and one Reynolds number in
between (Re ≈ 104). The reason for selecting these Reynolds numbers with a considerable
difference is to find the overall trend of flow and heat transfer due to the change in the inlet
velocity of flow when using different pumping systems with different pumping powers.
The findings regarding the increase of Reynolds number indicate that there is a growth in
heat transfer when increasing the Reynolds number at a cost of a larger total pressure loss
and that no significant improvement of heat transfer occurs at excessive Reynolds number
enhancement.

The heat transfer results show that the heat flux and the total enthalpy increases
with an increase of Reynolds number (see Fig. 3.22-a and Fig. 3.23-a). It would seem that
further increase of Reynolds number decreases the rate of heat transfer augmentation. Also
the gradient of heat transfer in the outer pipe decreases when there is an increase in the
Reynolds number of flow. Meaning that there is a Reynolds number from which further
increase of Reynolds number does not alter the heat flux and enthalpy. In Fig. 3.22-b and
Fig. 3.23-b, however, achieving that specific Reynolds number happens sooner than the
pipe along the annulus.

The reduction of the heat exchange rate with the Reynolds number augmentation is
still increasing the flow rate and pressure, thus, the pumping power increases continuously.
To avoid excessive pumping power for little betterment of heat transfer in the CBHE
system, achieving to an optimal Reynolds number which brings about a better resident time
for heat transfer provides information on the best possible pumping power and heat pump
selection.
Meanwhile, the increase of Nusselt number based on the Reynolds number
increment shows that Reynolds number impacts the growth of convective heat transfer
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coefficient prominently on both the end cap and the annulus walls, and makes a negative
gradient of Nusselt number along the annulus which grows in magnitude (Fig. 3.24).

(a)

(b)

Fig. 3.22 Heat flux along (a) the annulus wall and (b) end cap surface (Y* = Y/Dio)

(a)

(b)

Fig. 3.23 enthalpy (a) along the pipe (X* = X / Xmax) and (b) end cap surface (Y* = Y / Dio)

(a)

(b)

Fig. 3.24 Nusselt number along (a) the annulus wall and (b) end cap surface (Y* = Y/Dio)

73

The friction that happens on the end cap surface shows that the Reynolds number
of the flow has a counter impact on friction coefficients. Therefore, as the Reynolds number
of flow increases, the shear rate effects become less severe (Fig. 3.25-a). This phenomenon
is noticeable, particularly, when the flow is to return in the vicinity of the center of the end
cap surface (Fig. 3.25-b). In the annulus region, however, except the initial distances which
is magnified in Fig. 3.25-a, the flow makes a uniform friction on the fluid-pipe wall with
larger magnitudes compared to the friction on the end cap surface.

(a)

(b)

Fig. 3.25 Friction coefficient along (a) the annulus wall and (b) the end cap surface

While comparing the pressure coefficient of the three simulated flows in the
annulus region, it was found that the largest pressure on the end cap occurs when the
Reynolds number of the flow is 2×103. In the annulus region, also, the pressure coefficient
of the three flows drops until the exit port (Fig. 3.26). However, when the Reynolds number
increases, the total pressure loss decreases. Also, Fig. 3.27 demonstrates the pressure drop
of the inner pipe and the outer pipe of all the simulated flows in one glance. The results
show that the pressure drop in the inner pipe is larger than the pressure drop in the outer
pipe (annulus region), and this amount of pressure drop decreases when increasing the
Reynolds number. There is a dramatic difference between the pressure drop of the inner
pipe and the annulus region when there is a lower Reynolds number. And this pressure
difference decreases as the Reynolds number of flow increases. This can also be observed
in the total pressure loss of the system based on Fig. 3.28 that includes the inner pipe, outer
pipe, and the bucket space.
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Fig. 3.26 Pressure coefficient of three Reynolds numbers against the wall (𝑋 ∗ =

𝐿
)
𝐷ℎ

along the

annulus

Fig. 3.27 Pressure drop coefficient in the inner pipes and the outer pipes considering three
Reynolds numbers.

Fig. 3.28 Total pressure loss of the system considering three Reynolds numbers
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3.5 Conclusions
Comparing the center-in and annulus-in flows at Re = 2×104 shows that the centerin flow has a better performance in terms of total pressure loss in the system, although the
total heat transfer of the annulus-in flow is about 5.7% better.

A short and a long bucket space need a large pumping power. Also, an improvement
of heat transfer is achieved for a short bucket space at the cost of a high total pressure loss
in the system. So there is a length that provides the minimum pumping pressure, meaning
that installing the center pipe in a position that causes the least total pressure loss needs to
be taken into account. In the studied cases, we could reduce the total pressure loss by 15%
via changing the inner pipe length, however, this is achieved with about 4% of the total
heat transfer reduction.

Since the increment of Reynolds number increases the total pressure loss of the
system and reduces the total heat transfer, a balance between the harvested or rejected heat
and the cost of a large pumping pressure need to be made, because no significant
improvement of heat transfer happens when there is excessive increase of Reynolds
number. There is a Reynolds number that provides the best heat transfer on the fluid-pipe
interface. The knowledge about the best Reynolds number of the flow in the CBHE may
contribute to selecting a proper pumping system and cut the costs associated with it.

Nusselt number increases on the pipe-fluid interface along the annulus when
increasing the Reynolds number. Considering the wall flux parameters including the
convective heat transfer and the wall shear rates, it can be inferred that there is a Reynolds
number from which the surface heat flux and the wall frictions are not affected by the
further increase of Reynolds number. Excessive increase of Reynolds number reduces the
pressure drop in the inner pipe and the annulus, however, this happens at the cost of a large
pumping power and no significant improvement of total heat transfer. As a result, a
Reynolds number that brings about a reasonable heat transfer and a small pressure drop
must be selected.
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CHAPTER 4 – Conclusions and Future Work

4.1 U-bend borehole heat exchangers:

Curvature ratio effects:



For the flow at Re = 600, however, the increase of the bend curvature ratio results
in a consistent decrease of total pressure losses. This means that the increase of
curvature ratio reduces the amount of total pressure loss to a certain point.



At Re = 6×104, there is a Dean number from which further increase or decrease
of the curvature ratio, increases the total pressure loss. As a result, the curvature
ratio must be focused when designing a U-bend system.



The flow at a low Reynolds number has a better total heat transfer due to a higher
residence time. However, this betterment of heat transfer happens at the cost of a
high total pressure loss. Also, selecting the right bend curvature can contribute to
improving the performance of the U-bend system.

Reynolds number and U-bend length:



The increase of Reynold number decreases the outlet temperature. Also, at high
Reynolds number, the outlet temperature takes less effect from the Reynolds
number augmentation.



In the heating mode of operation, the increase in the U-bend length increases the
temperature in the outlet of the U-bend system as well as the amount of heat that
is extracted. However, the outlet temperature is decreased when increasing the
Reynolds number and that results in the enhancement of the heating rate.
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4.2 Coaxial borehole heat exchanger


Comparing the center-in and annulus-in flows at Re = 2×104 shows that the
center-in flow demonstrates a better performance in terms of total pressure loss
in the system, although the total heat transfer of the annulus-in flow is about 5.7%
better.



A short and a long bucket space require a large pumping power due to the increase
of pressure drop, and no significant improvement of heat transfer is achieved as
a result of change in the bucket space length. Hence, there is a length that provides
the most efficient pumping power.

 Nusselt number increases on the pipe-fluid interface along the annulus with the
increase of Reynolds number. Also, it can be inferred that there is a Reynolds
number from which the surface wall heat flux and the total heat transfer are not
affected by the further the increase of Reynolds number of the flow.
 Since the increment of Reynolds number reduces the total pressure loss of the
system and increases the total heat transfer, a balance between the harvested or
rejected heat at the cost of a large pumping pressure need to be made.
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4.3 Future Work


A study delving into increasing the outlet temperature at a reduced pipe length



A numerical study on a deep U-bend and coaxial borehole heat exchanger



A Comparative study between the U-bend and coaxial borehole heat exchangers
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APPENDICES
Appendix A
Reprinting with Permission for validating my numerical simulation in chapter 2 of this
thesis.
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